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SUMMARY SOMMAIRE 

This study is concerned with the compres 
sor drive sys tems for high-speed wind tunnels 
of the continuous type. It contains information 
regarding the aerodynamic charac ter i s t ics 
of wind tunnel c ircui ts from which the com
pressor requirements can be established, 
presents a method to guide in the selection 
of the compressor type, and d iscusses com
pressor dr ives utilizing various types of 
prime movers . It outlines some of the 
aerodynamic and mechanical considerations 
underlying the design and operation of wind 
tunnel dr ives including a discussion of v i 
brational problems encountered in sys tems 
of this type. 

Cette e"tude concerne les sys temes 
d'entrainement de compresseur pour des 
souffleries a grande vi tesse du type continu. 
Elle contient des renseignements su r les 
caracter is l iques aerodynamiques des c i r 
cuits d'une soufflerie a pa r t i r desquelles on 
peut etablir celles du compresseur . Elle 
expose une methode pour aider a choisir 
le type de compresseur et discute des 
sys temes d'entrainement de compresseurs 
utilisant differents types de moteurs . Cette 
etude esquisse quelques-unes des considera
tions aerodynamiques et mecaniques qui sont 
a la base du dessin et du fonctionement de 
re"quipement moteur d'une soufflerie, y com
pr i s une discussion des problemes de vibra
tions qui sont rencontres dans les sys temes 
de ce genre. 





I. INTRODUCTION 

The role played by the wind tunnel as a 
tool in resea rch and development has always 
been an important one. However, the advent 
of high-speed flight has greatly increased 
the need for wind tunnel facilities with the 
result that numerous tunnels encompassing 
various ranges of Mach numbers and test 
section s izes have been built in recent 
years . Because the appearance and char 
acter is t ics of a wind tunnel depend to a great 
extent on its purpose, on the complexion and 
location of the laboratory for which it is 
built, and on other factors, it is not s u r p r i s 
ing that there a re today many types of tunnels 
utilizing various means of motive power and 
showing various degrees of complexity in 
the details of the flow passages , in the 
instrumentation, and in the equipment used 
for the reduction data. 

As a resul t of this large variety, some 
of the information regarding the basic char 
acter is t ics of the various components of 
wind tunnels is not readily available in the 
l i tera ture . To fill this need AGARD is 
presenting a s e r i e s of studies containing a 
systematic compilation of information r e 
garding the design and operation of various 
types of wind tunnels and their components. 

This AGARDograph, one of the s e r i e s on 
wind tunnels, deals with the compressor s y s 
tem of wind tunnels designed for continuous 
operation. It contains information regarding 
the aerodynamic character is t ics of the tunnel 
circuit insofar as they affect the compressor 
system, presents a method for the selection 
of the type of compressor most suitable for 
a given installation, and includes a survey 
of the various types of pr ime movers that 
a re usually given consideration as compres 
sor dr ives . The principles underlying the 
aerodynamic and mechanical design of the 
compressor and its drive system a re also 
outlined, including a discussion of vibrational 

problems encountered in installations of this 
type. 

An effort has been made to present the 
mater ia l contained in this study in a form 
which will be of assis tance to the aerody
namicist in arr iving at the basic configura
tion of the wind tunnel circuit as well as 
to the engineer in designing the compressor 
and its drive and adapting existing machinery 
to wind tunnel applications. This made it 
necessary to include some material that is 
of ra ther elementary nature to the special is ts 
in their respective fields. 

This study is a joint effort. Sections II 
through VIII and Section XII, which deal 
pr imari ly with the aerodynamic aspects and 
with the charac ter i s t ics of various types of 
pr ime movers , were prepared by A. A. Fejer , 
while Sections IX through XI, containing the 
mechanical and vibrational considerations, 
were written by J . Clark. 

II. AERODYNAMICS OF THE WIND 
TUNNEL CIRCUIT 

(a) The Wind Tunnel Circuit 

Fig. I I - l shows a typical closed return 
circuit supersonic wind tunnel in schematic 
form. The nomenclature of the components 
of such tunnels is also given in this figure. 
Although the details of these components do 
not fall within the scope of this study, con
sideration is given to some of them to the 
extent of their influence on the overall tunnel 
performance and the corresponding compres 
sor requirements . 

(b) Supersonic Nozzles 

The convergent-divergent supersonic noz
zle is the section of the circuit where the 
high-speed flow, uniform in Mach number 



and direction, is established with the aid of 
a drop in static pressure from P0 to P, . 
The Mach number of this high-speed flow 
depends primarily on the ratio of the area 
of the lest section A* to the minimum area, 
or throat area. A*, while the degree of uni
formity is determined by the exact shape of 
the passage contours. In Ref. 1 several 
techniques are presented for the design of 
these passages. 

The nozzle throat is of great importance 
from the point of view of the circuit char
acteristics because the size of this throat 
and the pressure and temperature existing 
in it determine the rate of mass flow in the 
circuit. As high-speed wind tunnels are 
seldom being built for a single test section 
Mach number, means for changes in nozzle 
geometry have to be incorporated into the 
nozzle design. Various schemes have been 
developed to accomplish this; they differ in 
mechanical complexity in the degree of uni
formity of the flow attained and the range of 
Mach numbers that they can cover. 

Due to the favorable pressure gradients 
always present in such nozzles there is, how
ever, very little difference in the efficiency 
of energy conversion obtainable wilh the 
various schemes. Mechanically, the simplest 
arrangement for changes in a test section 
Mach number consists of a set of inter
changeable nozzles, each designed for a 
specific Mach number. These nozzles, 
which are made in the form of nozzle block 
pairs, are either inserted as liners into the 
tunnel structure proper through appropriate 
side doors or are built up as integral parts 
of a removable section of the tunnel struc
ture. 

Because the relative humidity, pressure, 
and temperature of the air contained in the 
tunnel circuit almost always differs from 
that of the surrounding atmosphere, it is 
desirable to isolate the section containing 

the nozzle from the rest of the tunnel circuit 
prior to a nozzle change. This is usually 
accomplished with the aid of a pair of gate 
valves located at the entrance and discharge 
of the nozzle. The advantage of this ar
rangement consists in the mechanical sim
plicity of the nozzle proper, the high degree 
of uniformity of flow, which results from 
the accuracy of the nozzle contours, and the 
ease with which nozzle changes can be 
carried out. 

In one particular installation, the tunnel 
of the LARB at Vernon, where the entire 
nozzle change is automatized, the interrup
tion in tunnel operation required by a nozzle 
change amounts to two to three minutes. 
The obvious disadvantage of this system 
consists in the fact that the Mach number 
cannot be varied in a continuous manner. 
In addition, due to the fixed geometry of the 
nozzles, the pressure ratio required to es 
tablish supersonic flow is high, being some
what in excess of the pressure ratio across 
a normal shock at test section Mach number 
(curve A in Fig. II-6). 

Adjustable nozzles for continuous changes 
in Mach number are constructed in a number 
of ways. One of the frequently encountered 
designs utilizes flexible walls positioned by 
means of jacks (Ref. 1). Nozzles of this 
type are most suited for high Mach numbers 
(2.5 to 5.0) where the required area changes 
are small. Another type consists of a fixed 
section in the throat region followed by 
flexible wall extensions in the region where 
the required radii of curvature become large 
(Ref. 2). This arrangement is used over 
the same Mach number range as the nozzles 
utilizing flexible walls, but it provides noz
zles that are relatively short. 

Another type, the assymetric nozzle, is 
used commonly in Mach number ranges of 
1.0 to 2.5 for which the above-mentioned 
flexible wall type becomes excessively long. 



With the assymetr ic nozzle the passage 
contour change is accomplished by t rans la 
tion of the block forming one of the walls 
of the passage (see Fig. II-2 and Ref. 2). 

A similar scheme utilizing a half-body 
type plug that can be displaced along the 
axis of a symmetr ical passage has also been 
developed (Ref. 3). In addition to the con
tinuous variation of Mach number, the ad
justable nozzle also offers the advantage of 
low start ing p r e s su re ra t ios . When this 
type of nozzle is used in conjunction with 
a variable geometry diffuser, it is possible 
to s tar t the tunnel at relatively low Mach 
numbers and thereby to keep the p re s su re 
ratio required to s ta r t supersonic flow below 
the value necessary to maintain the flow at 
the maximum Mach number (see Section 
VII). 

(c) Test Sections 

This part of the tunnel circuit is of con
stant a rea (except for boundary layer co r 
rection) and its dimensions a r e functions of 
model type and size, and Mach number. 
Several curves with information pertinent to 
the dimensioning of test sections appear in 
Ref. 4. 

alone increases while the test section d i 
mensions remain fixed (see Fig. II-3). How
ever, this change in tesf section size requires 
a corresponding adjustment of the diffuser 
entrance area because the ratio of this a rea 
to jet a rea has a large effect on the efficiency 
of the diffuser. According to Ref. 5 com
binations of open jet test sections with 
convergent-divergent diffusers compare fa
vorably with closed jet-divergent diffuser 
arrangements as far as efficiency is con
cerned. This is apparent from the comparison 
of the curve C of p res su re rat ios in Fig. 
11-6 taken from Ref. 5 with closed jet values 
(curve A). 

The frictional losses due to the test s e c 
tion alone represent only a negligible fraction 
of the total circuit losses ; but the res is tance 
of models and model supports may often 
introduce significant losses and the resulting 
increase in the required p ressu re ratio cannot 
be overlooked, as demonstrated by Fig. II-4 
taken from Ref. 2. 

(d) Diffusers 

Because the major portion of the losses 
in a high-speed tunnel occurs in the super
sonic diffuser, this section of the tunnel 
circuit deserves a great deal of attention. 

At t imes the lest section is in the form 
of an open jet following the example of the 
Goettingen-type low-speed tunnels. While 
these open sections are somewhat less ef
ficient than the enclosed ones, they do offer 
advantages in respect to accessibility of the 
models and limitation of model dimensions 
by choking. Fur thermore , when used in 
conjunction with adjustable nozzles, open 
test sections permit simultaneous changes 
in the area of the throat and the a rea of the 
test section; this reduces the range of volume 
flows required ordinarily in c i rcui ts with 
closed test sections where the throat a rea 

(1) Divergent Diffusers 

The simplest diffuser has the shape of 
a divergent channel (Fig. II-5a) located 
immediately behind the test section. T r a n 
sition from supersonic to subsonic flow 
occurs by means of a system of shocks o r ig 
inating near the diffuser entrance at a Mach 
number exceeding slightly the test section 
Mach number. Tes t s indicate (Ref. 6) that 
the interaction of this shock system with 
the boundary layers on the diffuser walls 
resu l t s in separation of the flow from the 
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walls and consequently the subsonic portion 
of the diffuser is relatively ineffective. 

In Fig. 11-6 the p r e s s u r e ra t io versus 
Mach number curves for tunnel sys tems with 
simple divergent diffusers (curve A) a r e 
shown together with the total p r e s su re rat io 
ac ros s normal shocks at test section Mach 
numbers (curve B). Tunnel system curves 
a r e slightly higher in p r e s s u r e rat io as a 
resul t of the frictional losses in the subsonic 
portion of the tunnel c ircui t . The minimum 
p r e s s u r e rat ios appearing for this type of 
diffuser in Fig. II-6 and also in Fig. II-8 
(curve A) a r e relatively high and a r e in this 
case the same as the s tar t ing p r e s s u r e ra t io ; 
consequently, there is no need to provide a 
margin in p r e s s u r e ra t io for s tar t ing. 

(2) Fixed Convergent-Divergent 
Diffusers 

In this type of diffuser the flow is slowed 
down after leaving the test section in the 
convergent section; the transition to sub
sonic flow occurs in the vicinity of the 
diffuser throat in the divergent section at 
lower Mach numbers . While it is des i rable 
to approach sonic velocity in the diffuser 
throat as closely as possible, the minimum 
Mach number there is fixed by the ra t io of 
diffuser throat to nozzle throat which in turn 
is limited by start ing conditions. This a rea 
is given by the following equation: 
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This relation and a few experimental 
points from Refs, 7 and 8 a r e shown in 
Fig. 11-7. 

The p r e s su re ra t io required to maintain 
the flow in tunnel sys tems utilizing this type 
of diffuser appears in curve B of Fig. II-8. 
Comparisons with curve A show that these 
p r e s su re ra t ios a r e considerably smal le r , 
however, the s tar t ing p r e s s u r e rat ios nec
es sa ry to establish supersonic flow in the 
test section a re the same as in the case A. 
Consequently, this type of diffuser increases 
the operating efficiency at the various Mach 
numbers , but it does not lead to higher Mach 
numbers with a given maximum pres su re 
ra t io than the simple divergent configuration. 

(3) Variable Geometry Diffusers 

Because the limitation imposed on the 
diffuser throat a rea by the star t ing condition 
(Fig. 11-7) is of no consequence after the 
shock has passed through the diffuser throat, 
it is possible to reduce the p r e s su re ra t io 
required for maintaining a given Mach num
ber in the test section by decreasing the 
diffuser throat to a size which is only 
slightly la rger than the nozzle throat after 
the s tar t ing shock has passed through the 
diffuser throat . In this way the diffuser 
throat velocity is brought close to the speed 
of sound and the Mach number on the up
s t ream side of the shock system is kept to 
a minimum. 

Typical values of the p r e s su re ra t io ob
tainable with adjustable diffusers of this 
type appear in curve C of Fig. 11-8. While 
use of such diffusers will clearly resul t in 
further increase in operating efficiency, it 
will not be possible with their aid to increase 
the maximum Mach number because the 
p r e s s u r e ra t io requirement of curve A (Fig. 
II-8) applies here also for the star t ing phase. 
However, when this type of diffuser i s 
combined with an adjustable nozzle, it be
comes possible to s t a r t supersonic flow in 
the tunnel at nozzle and diffuser settings 



corresponding to low supersonic Mach num
bers and to raise the Mach number to the 
desired level by simultaneous decrease of 
the nozzle and diffuser throat areas. In 
this manner the pressure ratio required to 
maintain the flow becomes equal to the start
ing pressure ratio. The details of this 
starting procedure are presented in Section 
VII. 

(e) Wind Tunnel Parameters 

A detailed discussion of the manner in 
which the main wind tunnel parameters such 
as test section size, stagnation pressure, 
temperature, etc., are selected is outside of 
the scope of this report. However, these 
parameters have to be taken into account 
when the wind tunnel drive and its source of 
motive power are considered because rela
tively minor changes in any one of them may 
have a decisive influence on the selection of 
the drive. 

A rather detailed discussion of the rela
tion between tunnel requirements and tunnel 
parameters is found in Ref. 4. With informa
tion of the type found in this reference, one 
can select the tunnel size, Mach number 
range, stagnation pressure and air tempera
ture limits, and establish tentative compres
sor operating curves. 

The preparation of these curves is fa
cilitated by the data presented in Figs. II-8 
to 11-12. Fig. II-8 shows the pressure ratios 
required to maintain supersonic flow of a 
given Mach number in tunnel circuits having 
various nozzle-test section-diffuser com
binations. The curves in this figure are 
based on data collected from tunnels currently 
in operation and with experiments on tunnel 
models of various configurations. Some of 
the sources of this information are listed in 
the figure. From these curves Figs. 11-9 to 
11-12 have been obtained for a fixed stagnation 
temperature in the test section on the assump
tion that no heat exchanger is located between 

the test section and the compressor inlet. 
Fig. 11-9 shows the volume flow at the com
pressor entrance based on a test section 

a test section stagnation 
It was calculated 

according to the following relation: 

entrance 
area of 1 ft.2 and 
temperature T0 • 520° R 

fi 
A, 
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Fig. 11-10 shows the relation between 
compressor inlet volume flow and required 
pressure ratio as obtained by combining 
Figs. II-8 and II-9; the corresponding power 
requirements appear in Fig. 11-11 as deter
mined with the aid of the relation: 

J f - * *^* f t *^«*W 
y - i 

(3) 

These latter curves were calculated using 
an adiabatic compressor eff iciency \ = 82%, 
a stagnation temperature T0 • 520 R and a 
constant lest section static pressure 
P, = 1/10 atmosphere. The static pressure 
chosen represents an often recommended 
lower limit below which optical methods 
become rather insensitive. 

It is well known that at pressure ratios 
of 4 to 1 and above, a considerable saving 
in power can be realized by intercooling. 
The magnitude of the possible savings ob
tainable in this manner is apparent from 
Fig. 11-11 in which the power requirements 
are presented with and without intercooling 
at the higher pressure ratios. 

With the aid of the above curves the horse
power required at a given Mach number can 



be determined easily for any value of the 
static pressure, stagnation temperature, 
compressor efficiency and test section size. 
When a tunnel is operated at speeds below 
the design Mach number, an excess of power 
exists and consequently it may be possible, 
in that case, to increase the pressure level 
in the tunnel within the limits of the avail
able horsepower. Fig. 11-12 shows the 
maximum stagnation pressures that can be 
reached at various Mach numbers using full 
power required by design Mach numbers of 
4, 3, and 2, respectively. 

It should also be mentioned that the level 
of the stagnation temperature in the test 
section has a great effect on the tunnel re 
quirements. This is apparent from Fig. 
11-13 where the estimated pressure ratio 
versus compressor inlet volume flow is shown 
for the supersonic propulsion wind tunnel 
(AEDC Tullahoma) for two alternate operating 
conditions. In condition I (curve C) the test 
section stagnation temperature is increased 
from 650°R at M • 1.2 to about 1100°R to 
simulate altitude temperature conditions in 
the test section. In condition II (curve D) 
the stagnation temperature is maintained 
constant at 560°R (Ref. 9). Characteristics 
of other representative tunnels are also 
shown in this figure. 

III. SELECTION OF THE COMPRESSOR 

As seen in the preceding section, the 
aerodynamic requirements of a tunnel are 
usually presented in the form of a character
istic curve showing the variation in pressure 
ratio with volume flow, with the test section 
Mach number appearing as a parameter 
(Fig. 11-10). The selection of the type, size, 
and number of compressor units is usually 
made on the basis of the requirements at 
the maximum Mach number. However, the 
matching of the tunnel characteristics with 
those of the compressor at the lower Mach 

numbers cannot be overlooked in this con
nection, as it is this aspect of the problem 
that determines the amount of flexibility 
required from the drive system, such as 
variable rpm, bypass circuits, etc. (see 
Section IV). 

The method proposed for selection of the 
compressors is essentially a similarity con
sideration based on the relation of the type 
and size of the compressor to the operating 
conditions (compressor head H, volume flow 
Q, and speed of rotation n) and the effi
ciency #7 . Test data of numerous compres
sors show that for a given compressor type 
only a certain combination of H, Q, n and 
wheel diameter D will result in a maximum 
operating efficiency. These combinations 
correspond to definite values of two dimen
sionless coefficients that can be formed 
from these quantities. The two coefficients 
are presented in the technical literature in 
various forms and under various names. In 
this discussion the following forms, suggested 
by Cordier (Ref. 10), will be used: 

2 - j / y " 
60 

(2gH)' 

(4a) 

^ ( 2 g H ) * Q 2 D 

(4b) 

These forms have the advantage that they 
can be easily expressed in terms of two 
widely used compressor coefficients <f and 
V-, namely, 

a = i\f 
3 I 

± • 
A = f * 9 *• 

(5) 



where 
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Performance data of a large number of 
commercially built axial and centrifugal 
compressors of various sizes operating at 
their maximum permissible speed of rota
tion and best efficiency were compiled and 
expressed in terms of the above coefficients 
resulting in the curves shown in Fig. III-l. 
This figure indicates whether axial or cen
trifugal compressors, single compressor 
stages , or units in series or in parallel are 
the most suitable for the task at hand. The 
range of the coefficients covered in the 
figure corresponds to the data on compres
sors that were available to the writer; while 
an extension of the curves beyond the ranges 
shown is of course possible, selection of 
compressors represented by points on these 
extensions is likely to be undesirable both 
from the point of view of efficiency and 
availability of developed units. 

The curves in Fig. Ill-1 are to be used 
as follows: compressor head, H, and volume 
flow, Q, are considered to be fixed, at least 
tentatively, by the type and size of the test 
section and diffuser. Next, a selection of 
the most favorable speed n is made. This 
speed depends on a number of factors, e.g. 
type of motive power, horsepower range, 
etc., as discussed later in Section V, From 
Q, H, and n the coefficient <r can be cal
culated according to Eq. (4a) and a suitable 
value of A is then obtained from Fig. [II—1. 
This value of A fixes, according to Eq. (4b), 
the wheel diameter D, i.e. size, of the com
pressor unit. If Fig. 111-1 indicates the 
feasibility of alternate choices, selection 
should be made on the basis of the desired 

degree of flexibility discussed in the follow
ing section. 

In making the selection of the compres
sor in the above manner, consideration is 
given automatically to commercially avail
able types and sizes only. 

It should be kept in mind that centrifugal 
compressors can, in general, accommodate 
larger variations in mass flow than axial 
units; this is apparent from the shape of the 
typical compressor characteristics (Fig. 
IV-1). On the other hand, the centrifugal 
compressors are quite limited as far as 
size is concerned; they are available in 
commercial models for intake volume flows 
from around 2000 cfm to 65,000 cfm (130,000 
cfm for double inlet units), while the com
mercial models of axial compressors cover 
a range of inlet flows from 20,000 to 750,000 
cfm and more. Both compressor types are 
available up to pressure ratios of 4 to 5. 
For higher pressure ratios multiple units 
in series, with intercooling, are customary. 

When the pressure ratio or volume flow 
required by the tunnel exceeds the capabilities 
of the commercially available compressors, 
it is still possible to avoid custom-made 
compressors of special design by arranging 
several standard compressors in series, 
parallel, or a combination of both. In this 
case it may be desirable to drive two or 
more of the units from the same source of 
power, either through directly connected 
shafts or intermediate step-up or stepdown 
gears (see Section X). 

The selection of custom-made compres
sors often introduces special design and 
manufacturing problems and can be justified 
only in the rarest cases, involving as a rule 
tunnels of very large sizes. 

IV. MEANS OF EXTENDING THE RANGE 
OF DRIVE SYSTEMS 

A comparison of wind tunnel requirements 



with typical, constant rpm performance 
curves of axial and centrifugal compressors 
(Fig. IV-1) shows that the required and 
available pressure ratios and volume flows 
agree with each other only at one or, at 
most, two points of the Mach number range 
(points A and B in case of the centrifugal 
compressor, points A1 and B1 in case of the 
axial compressor). At other points (e.g., 
point C) an excess in available volume flow 
and pressure ratio exists and the tunnel-
compressor combination will then automati
cally establish an operating point by shifting 
the shock wave system in the diffuser from 
its optimum position to one of higher Mach 
number and lower efficiency. As the volume 
flow is proportional to the tunnel pressure 
ratio, Eq. (2), these operating points (e.g., 
point D) will be found where the compressor 
characteristic intersects with straight lines 
drawn from the origin through the desired 
Mach number point on the tunnel curve. The 
magnitude of the loss due to the discrepancy 
between the tunnel curve and the compressor 
characteristic depends on the shape of these 
curves. 

As far as the power and torque require
ments of tunnels is concerned, there is a con
siderable amount of flexibility inherent in 
such systems. The torque required from the 
drive during starting is due to the inertia of 
the unit, to the aerodynamic load on the com
pressor and, to a much lesser extent, to bear
ing friction and windage. Consequently, it is 
possible to exercise control over the magni
tude of this torque by limiting the rate at 
which the drive is to be accelerated and by 
controlling the pressure of the air in the tunnel 
circuit during the start. The rate at which 
power may be drawn from the electrical cir
cuit and the permissible stresses in the me
chanical parts of the drive are of importance 
in this connection. The steady state power can 
be controlled by the pressure level in the 
tunnel which is influenced only by Reynolds 
number and heat transfer considerations. 

There are five methods available to im
prove the matching between tunnel require
ments and compressor performance and to 
raise thereby the system efficiency: variable 
volume flow (bypass), variable rpm com
pressor drive, multiple compressor units, 
variable geometry compressors, and adjust
able test section. Each of these methods 
will be outlined and their relative merits 
discussed below. 

(a) Variable Volume Flow 

A mismatch between the tunnel and com
pressor (Fig. IV-1) may be eliminated by 
addition of a bypass duct to the tunnel cir
cuit (see Fig. II-1). With the aid of this 
duct an appropriate portion of the mass flow 
may be withdrawn from the tunnel .circuit 
upstream of the nozzle entrance and returned 
downstream of the test section. This method 
of operation (point E in Fig. IV-1) will re 
quire less power than operation without 
bypass (point D) wherever the increase in 
volume flow Qg - Qc, resulting from a shift 
in operating point from C to E due to the 
bypass, requires less additional power than 
the simultaneous increase in pressure ratio 
and volume flow due to the increase in 
circuit resistance caused by the shift from 
C to D. 

For example, in the case illustrated in 
Fig. IV-1, the power required to operate at 
point D without bypass is exceeding the 
power at C by 25 percent while the operation 
at point E with bypass would result in an 
increase in power by 11 percent only. When 
the return of the bypassed air is arranged 
through an injector, as in the ETH tunnel in 
Zurich (Ref. 11), even some of the energy 
imparted to the bypass air may be recovered. 
Additional benefits can be realized if this 
injector is placed at the entrance to the 
subsonic portion of the diffuser to energize 
the boundary layer, thereby improving the 



diffuser efficiency considerably. To illus
trate this latter point, reference is made to 
the tests of the aerodynamic model of the 
test section and diffuser for the 8 ft. by 
8 ft. high-speed wind tunnel of the NAE at 
Bedford. There, a pressure ratio of 2.8 
was required to operate the model at M = 2.77 
with the test section bypass closed. When 
the subsonic diffuser cross sections were 
increased in size and a corresponding amount 
of additional air introduced through the by
pass at the entrance to the subsonic portion 
of the diffuser, the pressure ratio required 
to maintain the flow dropped continuously 
with increasing bypass flow and reached a 
value of 2.3 when 70 percent of the air by
passed the test section. 

Another means of utilizing the energy of 
the bypassed air has been developed in 
connection with axial blowers supplying air 
for blast furnaces. Here the excess air is 
expanded through an auxiliary turbine 
mounted on the shaft of the compressor. 
The characteristics of such a unit manufac
tured by Sulzer Brothers (Winterthur) is 
shown in Fig. IV-2. The power savings de
rived from this scheme are apparent from 
these curves. 

(b) Variable RPM Drives 

In low-speed wind tunnels variable speed 
drives offer excellent means for matching 
of the fan with the tunnel over the range of 
operating Mach numbers due to the fact that 
the volume flow increases in this case 
linearly with the tunnel speed while the 
resistance of the circuit is proportional to 
its square; see, e.g., the characteristics 
of the tunnel and fan system of the 10-foot 
tunnel of WADC, (Wright Field) in Fig. IV-3 
taken from Ref. 12, In high-speed tunnels, 
on the other hand, the rapid rise in resistance 
due to increases in Mach number is accom
panied by relatively small changes in com
pressor inlet volume flow. Because of this; 

changes in compressor rpm will result in 
matching of the compressor with the tunnel 
characteristics in the latter case only over 
a narrow range of Mach numbers (see Fig. 
IV-4). To benefit fully from this scheme 
over a wider range of Mach numbers it be
comes necessary to combine variable rpm 
drives with some of the other matching 
schemes discussed in this section. 

In the case of electrically driven com
pressors, the variable speed feature intro
duces a considerable amount of expense and 
complexity, while other sources of power, 
e.g., gas turbines, may be used for this 
purpose more simply. Suitability of various 
types of power supplies for variable speed 
compressor drives is discussed in Section V. 

(c) Multiple Compressor Units 

The general shape of tunnel character
istic curves of various supersonic wind 
tunnels (see Fig. 11-13) suggests utilization 
of multiple compressor units for efficient 
coverage of wide Mach number ranges. The 
units work in parallel at the small pressure 
ratios and high volume flows at low Mach 
numbers; they work in series at the large 
pressure ratios and smaller volume flows 
necessary at high Mach numbers; and they 
are used singly in the intermediate Mach 
number range. As a rule two or three com
pressor units suffice to cover the Mach 
number range efficiently. 

In the example. Fig. IV-5, a combination 
of one axial compressor and two centrifugal 
units is used to match the characteristics 
of the tunnel circuit at three points. At in 
between points matching may be realized by 
a shift of the diffuser shocks or by use of 
a bypass without excessive losses. With 
drives permitting relatively small changes in 
rpm, even these additional losses could be 
avoided. 



A typical arrangement of a multiple drive 
is shown schematically in Fig. IV-6. It 
demonstrates that such drives are most 
attractive for small and medium sized in
stallations, because of the required ducting 
and valves. 

As one of the numerous examples of this 
type of drive one might mention the tunnel 
of the LARB (Laboratoire Aeronautique aux 
Recherches Ballistiques) Vernon, which has 
a lest section of 40 cm by 40 cm, operates 
from M = 1.35 to M - 4.00 and is driven by 
two axial compressors developing in series 
a 4.7 pressure ratio. One of the compressors 
handles 70,000 cfm at 4750 rpm while the 
second one, used as the high pressure stage 
in series operation, delivers 21,600 cfm at 
8400 rpm. Matching is accomplished by a 
bypass circuit. 

on rails and is wheeled out of the circuit 
for low Mach number operations. 

The second example is an Escher-Wyss 
compressor with adjustable rotor blades, 
used in the Mach 2, 18 ft. by 18 ft. super
sonic tunnel of the RAE at Famborough. It 
is a 7-stage, constant speed (3000 rpm) 
axial compressor covering a range of pres
sure ratios up to 2.3 to 1 and inlet volume 
flows from 50,000 cfm to 160,000 cfm. The 
mechanism for changing the angle of inci
dence of the rotor blades is connected to the 
blades through the compressor shaft, which 
is hollow and can be actuated while the com
pressor is running. The compressor per
formance curves indicating the range and 
efficiencies that are characteristic for this 
type of control are shown in Fig. IV-7 taken 
from Ref. 13. 

(d) Variable Geometry Compressors 

In this type of drive matching is accom
plished by changes in the number of stages, 
in the angle setting of the stationary or moving 
blade rows or, sometimes, by changing both. 
While compressors incorporating such fea
tures are not to be found among the standard, 
commercially available machines, they have 
been built for a number of large wind tun
nels, where the sizes involved made bypass 
ducts and multiple unit drives uneconomical 
so that use of standard commercial com
pressors was already ruled out. 

We shall describe three typical examples 
of variable geometry machines. The first, 
utilizing a variable number of stages, is the 
English Electric Company compressor for 
the 8 ft. by 8 ft. high-speed tunnel of the 
NAE in Bedford. This is a 10-stage variable 
speed (750 rpm max.) axial compressor 
equipped with an automatic disconnect cou
pling between the 4th and 5th stage. The 
section containing the last stages is mounted 

The third example is the compressor for 
the supersonic circuit of the Propulsion 
Wind Tunnel (AEDC, Tullahoma). This con
stant rpm unit, representing the largest 
compressors (30 ft. diameter) under con
struction to date, combines the features of 
variable number of stages and of adjustable 
stator blades. It consists of four cylinders 
in series, each of them having four stages, 
with the exception of the last cylinder which 
has six stages. The range of pressure ratios 
(from 1.06 to 7.6) will be met in this tunnel 
by varying the number of stages by decoupling 
and bypassing any number of the cylinders, 
while the inlet volume flow regulation (from 
130,000 to 200,000 ft.3 per sec.) is to be 
obtained by changes in the angle setting of 
the stator vanes. 

A schematic drawing of the supersonic 
compressor cylinders from Ref. 14 is shown 
in Fig. IV-8 and an artist 's conception of 
the machine appears in Fig. 1X-1. The per
formance characteristics of a four-stage 
axial compressor corresponding to one of the 
cylinders of this compressor, showing the 
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effect of stator vane control, appears in 
Fig. IV-9. A composite chart with the es
timated performance of the entire machine, 
given in Fig. IV-10, is taken from Ref. 15. 

(e) Adjustable Test Sections 

In wind tunnels having adjustable nozzles 
as well as adjustable diffusers and in tunnels 
with open jet lest sections, it may be possible 
to make provisions to change the size of the 
test section. This feature could be taken 
advantage of in matching the tunnel with the 
compressor; this-was first noted by Ackeret 
in Ref. 11. Quite often only a relatively 
small change in area is required for this 
purpose as demonstrated in Fig. IV-11. Here 
the volume flow requirements with fixed test 
section size and the characteristics of the 
compressor appear in the upper part of the 
figure, while the curve at the bottom shows 
the change in test section area required to 
make the volume flow curve coincide with 
the compressor curve. It is seen that the 
amount which the area has to vary in this 
case is not excessive. 

V. POWER SYSTEMS 

(a) General Requirements 

When the range of volume flows and pres
sure ratios required by the tunnel configura
tion has been established according to the 
procedure outlined in Section 11, it is possible 
to selert the type, size, and number of 
compressors along the lines indicated in 
Section III using the most appropriate of the 
schemes of control among those outlined in 
Section IV. It is, however, clear that the 
choice of the source of power to be used 
must have a decisive influence on these 
considerations and for this reason a short 
resume of the pertinent characteristics of 
the various types of prime movers is in 
order. 

In the past, wind tunnel compressors have 
been powered chiefly by electric motors, 
but this discussion includes other types of 
prime movers too, because in many instances 
they have significant advantages. In selecting 
the source of power to be used, one should 
consider, among other factors, what type of 
energy is most readily available, what its cost 
is, whether a given type of prime mover is 
sufficiently rugged, and whether the set 
could be started and stopped with ease. The 
required speed-torque characteristic is also 
of significance. While it is, of course, of 
interest to consider the various types of 
drive systems from the point of view of 
each of these factors, one cannot arrive at 
general conclusions regarding their relative 
merits because of the large number of these 
and other variables and the complex inter
relations between them. 

(b) Electrical Drives 

As mentioned already, electrical drives 
are used in most wind tunnels today. Their 
advantages are obvious: simplicity, com
pactness, easy starting, and low maintenance 
cost being uppermost on the list. In most 
cases, they are also attractive from the point 
of view of operating costs, especially when 
tunnel schedules can be arranged to make use 
of off-peak periods of the power station 
supplying the current. Accurate speed con
trol, an important requirement in transonic 
tunnels, can also be obtained without too 
much difficulty. As mentioned already, 
variable rpm is not a necessity in the case 
of supersonic tunnels; however, it is a con
venient means of introducing flexibility into 
a drive system. Both fixed speed and variable 
speed drives are considered in this section. 

When electric drives are planned, atten
tion has to be given to the characteristics 
of the electric power network to which the 
motors will be connected. Network stability. 
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short circuit capacity, range of voltage, and 
frequency fluctuations and limitations on 
power factors are some of the items that 
are of interest in this connection. A discus
sion of the pertinent features of electric 
drives can be found in Ref. 16. 

(1) Constant Speed Drives 

Induction motors have a starting torque 
of about 1.5 to 2 times design torque; in
creasing with speed the torque reaches a 
maximum of about 3.75 times design torque 
at 25 percent slip (see Fig. V-l). Design 
torque is reached at 3 to 5 percent below 
synchronous speed. A relatively low power 
factor and considerable power line disturb
ances during starting are the main disad
vantages of this motor while simplicity and 
ruggedness are among its chief virtues. In 
wind tunnel applications it becomes, as a rule, 
necessary to evacuate the tunnel circuit be
fore starting in order to limit the inrush of 
current. A lack of braking torque during 
shutdown is also troublesome. 

Synchronous motors offer the advantage 
of good power economy due to their leading 
power factors and high efficiency but in their 
simplest form they have a very low starting 
torque. While the starting problem can be 
alleviated by various schemes, these add as 
a rule to the cost of this type of motor. In 
order to reduce the starting difficulties 
caused by low power factors and a high in
rush of current, synchronous motors in wind 
tunnel drives are often arranged in tandem 
with smaller size variable speed motors 
that act as s tar ters . In order to keep the 
size of these starting motors to a minimum, 
the tunnel can be started only in the evacuated 
condition and the desired pressure level is 
set after the drive has reached synchronous 
speed. 

The largest and one of the most recent 
applications of synchronous motors to wind 

tunnels is the drive of the Propulsion Wind 
Tunnel of the AEDC already referred to in 
Section IV. It is a 216,000 hp. 600 rpm 
drive, operating with a power factor of 90 
percent during starting and of 100 percent 
while running; it consists of two 83,000 hp 
synchronous motors and two 25,000 wound 
rotor slip ring motors equipped with liquid 
rheostats. The wound rotor starting motors 
develop 200 percent of their rated torque at 
low rpm and are capable of accelerating the 
drive at reduced tunnel density in seven 
minutes from rest to synchronous speed. 
After synchronous speed is reached, the 
load is transferred to the synchronous motors 
by changing the resistance of the liquid 
rheostats. At the end of the run DC excita
tion is applied to the stator of the wound 
rotor motors for braking purposes and the 
power generated in the process is dissipated 
in the liquid rheostats. A schematic diagram 
of the PWT drive is shown in Fig. V-2, 

(2) Variable Speed Drives 

The adjustable voltage DC drive (Fig. 
V-3), well known under the name of Ward-
Leonard system, was used extensively in the 
early days of wind tunnel testing when the 
power requirement of the relatively small, 
slow speed tunnels was low. It consists of 
a DC motor powered by an adjustable voltage 
DC generator driven, as a rule, by a syn
chronous motor in order to keep the power 
factor near unity. By controlling the gen
erator field, the speed of the DC motor can 
be changed over a range of 20 to 1 and can 
be held constant within a fraction of a per
cent. This drive has been built in sizes up 
to 5000 hp. Because it is made up of three 
components, all rated at the capacity of the 
set, its first cost is high even for small 
sizes. For this reason it has seldom been 
used in recent years as a wind tunnel drive. 
It is being utilized, however, in tandem with 
AC, variable speed drives for starting and 
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stopping and is the means used to prevent 
fluctuations in speed, one of the undesirable 
characteristics of some AC variable speed 
drives at the low end of their rpm range. 

The wound rotor induction motor with 
resistance control is made up of an induction 
motor and a slip-regulator consisting of an 
external resistance (usually a liquid rheo
stat) connected through sliprings to the rotor 
windings of the motor. By variations in the 
external resistance, different speed-torque 
curves can be obtained. Fig. V-4.) shows 
typical speed-torque relations for various 
rheostat settings of a typical motor. These 
are based on the design torque obtained at 
5 percent slip with zero external resistance. 
Fig. V-5 shows a schematic diagram of 
the drive itself. 

The wound rotor induction motor is the 
simplest and least expensive of all variable 
speed drives. It provides a usable speed 
range of 3 to 1 and there is a possibility 
of doubling this range by using motors with 
pole changing circuits (two speed motors) 
and two sets of rheostats. The power factor 
in such a motor is, of course, low at the 
high slip conditions, varying with rpm from 
20 to 95 percent and the energy dissipated 
in the rheostats may reach 18 to 20 percent 
of the rated output at two-thirds of the max
imum speed. (See Fig. V-4.) At low rpm 
these drives tend to fluctuate in speed when 
changes in load, line voltage, or frequency 
occur. It is possible to alleviate this prob
lem by automatically controlling the position 
of the electrodes in the rheostats with the 
aid of a high speed electronic regulator 
system. 

As mentioned before, in the case of su
personic tunnels the speed control does not 
have to be precise nor is the required rpm 
range very large. In view of this and due 
to the relatively low cost and operating 

expenses connected with wound rotor induc
tion motors, this drive has become widely 
used even in very large installations. 

One of the largest units of this type is 
the drive for the compressor system of the 
Unitary Facility at the Ames Aeronautical 
Laboratory of the NACA. It delivers about 
54,000 hp at 865 rpm alternatively to a three-
stage axial flow fan in an 11 ft. by 11 ft. tran
sonic circuit and to an eleven-stage axial 
compressor serving two supersonic test 
sections of 9 ft. by 7 ft. and 8 ft. by 7 ft., 
respectively. As wound rotor motors do not 
provide negative torque for rapid speed re 
duction during shut down, a motor generator 
set for dynamic braking has been added in 
this installation to the drive system. 

Another example, utilizing two-speed in
duction motors and an eddy current brake, 
is the new 20,000 hp drive of the 19 ft. vari
able density tunnel of the NACA at Langley 
Field, which operates at top speeds of 514 
or 257 rpm. Accurate speed control is 
accomplished in this case by an electronic 
regulator which adjusts the liquid rheostats 
and governs the field of the eddy current 
brake. A smooth 10 to 1 change in speed 
at both the high and low rpm setting is 
available. This drive is a graphic demon
stration of the compactness of wound rotor 
systems, as the entire power unit, including 
the eddy current brake, is mounted in a 
nacelle located inside of the tunnel proper. 

Doubly-fed induction motor drives (modi
fied Kramer system), also utilize wound 
rotor induction motors. However, in this 
case (Fig. V-6) the rotor windings of the 
induction motor are connected to a synchro
nous motor driving a DC generator at a vary
ing speed which is a function of the difference 
between the stator and rotor frequencies of 
the induction motor. In this manner the 
power generated in the rotor windings is not 
dissipated in heat as in the rheostat controlled 
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motors but returned into the power line 
through the in termediary of a constant speed 
DC-AC motor -genera tor set ; the slip losses 
a r e thereby eliminated and the dr ive runs 
with a power factor of unity. During the 
star t ing of the set the constant speed machine 
works in r e v e r s e being fed from the AC 
power line and furnishing current to the DC 
portion of the varying speed motor -genera tor 
set . The AC output of this set , increasing 
slowly in frequency toward synchronism with 
the AC net as the varying speed components 
of the dr ive acce le ra te , is supplied to the 
induction motor . In this ar rangement the 
varying speed set is , by necessi ty, of the 
same rat ing as the induction motor. The 
constant speed set , on the other hand, has 
only about one-sixth of this rating and con
sequently the s tar t ing current required by it 
i s quite low. The available speed range is 
about 10 to 1, with top speed corresponding 
to operation of the induction motor with a 
sl ip of about eight percent . 

The re a r e a number of dr ives of this type 
in various s izes in use today, including the 
40,000 hp dr ive of the 10 ft. high-speed 
tunnel at WADC, Wright Field, the 27,000 
hp drive of the 16 ft. subsonic tunnel at 
NACA's Ames Aeronautical Laboratory, the 
18,000 hp drive of the altitude wind tunnel of 
the NACA's Lewis Laboratory, 750 hp dr ives 
of tunnels of the Bureau of Standards in 
Washington and of the United States Navy 
at Carderock, Maryland, and o thers . The 
torque ve r sus speed and efficiency versus 
speed curve of the Wright Field tunnel dr ive, 
shown in F ig . V-7, i l lustrate the cha rac te r 
is t ics of this type of dr ive . 

Tandem dr ives , because of the poor p e r 
formance of wound rotor induction motors at 
low speeds, a re somet imes combined with 
adjustable voltage DC dr ives , with the lat ter 
alone providing the power up to half speed. 
Above this speed the IDC motor remains loaded 

near full capacity, being responsible for 
holding the rpm at i ts selected value, while 
the induction motor c a r r i e s the balance of 
the load. Tandem dr ives of this type were 
built for the original, subsonic version of 
the Cooperative Wind Tunnel in Pasadena 
and for the Cornell Aeronautical Laboratory 
tunnel in Buffalo. These were 12,000 hp 
dr ives operating over a range of rpm from 
50 to 570 consisting of a wound rotor motors 
rated at 10,000 hp and a DC unit of 2,000 hp. 
A schematic diagram of such a tandem drive 
appears in Fig. V-8. In some instances 
other combinations of the various types of 
dr ives have also been used in tandem. 

Adjustable frequency dr ives utilize u s 
ually a synchronous motor which is supplied 
with a current of varying frequency. The 
source of the varying frequency current 
can, of course , be obtained by different 
means , such as s team turbines, gas turbines, 
diesel engines, adjustable voltage DC dr ives , 
frequency conver ters , e tc . In this case the 
rpm of the generator can be selected within 
the range most suitable for the par t icular 
type of pr ime mover while the speed of the 
synchronous motor can be chosen independ
ently as best suited for the compresso r s . 
As the driving motor itself is in most cases 
a single machine, it becomes possible to 
locate this compressor dr ive within the 
tunnel proper . 

As examples of this type of drive one may 
list the 53,000 hp gas turbine drive of the 
NAE's 8 ft. by 8 ft. tunnel in Bedford and 
the rebuilt 40,000 hp drive of the Cooperative 
Wind Tunnel in Pasadena. A schematic 
diagram of this lat ter drive is shown in 
Fig. V-9. 

To facilitate a comparison between the 
various basic types of variable speed e lec 
t r ic dr ives Fig. V-10 is presented from 
Ref. 15. 
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(c) Steam and Gas Turbines 

(1) Steam Turbines 

Economic consideration may in some 
instances lead to the use of steam as the 
source of energy for a wind tunnel and in 
that case steam turbines will be found well 
suited to drive the compressors. They are 
commercially available in sizes and rpm 
ranges that permit direct coupling to most 
types of compressors and have sufficient 
flexibility to operate with good efficiencies 
over wide ranges of rpm and power. In 
addition they are compact requiring little 
space and can be equipped with controls of 
high accuracy. 

The standard steam turbine models have 
ratings from 200 to 6000 hp or more and 
run in some cases at speeds as high as 
12,000 rpm. Economical operation at partial 
loads is obtained in most cases with the aid 
of sectional inlet nozzles. Each nozzle 
section is controlled by a separate valve as 
this results in a reduction of the throttling 
losses. The valves are usually automatic 
and linked to a governor which provides an 
accurate speed control (within 0.5 percent) 
over a range of speeds of 6 to 1 or more. 
The efficiency of the turbine depends pri
marily on the degree of refinement that was 
used in the design and, consequently, there 
is a considerable difference in efficiencies 
between the simple and the more elaborate 
models. In addition the efficiency also 
depends on the pressure and temperature at 
which the steam is available. Usually, in 
the case of units of 1000 hp or more, effi
ciencies between 70 percent and 80 percent 
will be encountered. The variations in per
formance with speed of a typical turbine at 
maximum steam flow are shown in Fig. V- l l . 

Under special circumstances turbo-
electric drives may also be adapted to wind 
tunnel applications as in the case of the 1.6 m 
by 2.0 m variable density transonic tunnel 

of the NLL in Amsterdam. This installation 
utilizes four marine steam power plants, 
each rated at 5000 hp. Here each individual 
boiler supplies steam to its own turbo-
alternator providing variable frequency 
power to one of the four motors connected 
in tandem to the shaft of a three-stage com
pressor having adjustable rotor blades and 
capable of developing a pressure ratio of 
1.37 to 1 at 620 rpm. In addition the steam 
power plant will also supply power to a 
one-fifth scale model of a transonic tunnel 
and to the 6500 hp compressor drive of a 
supersonic (M = 0.5 to 4.0) tunnel. 

(2) Gas Turbines 

In view of the recent advances in the field 
of stationary gas turbine power plants, this 
type of prime mover seems certain to be 
utilized extensively in the future for wind 
tunnel drives. The gas turbine incorporates 
all of the desirable characteristics of the 
steam turbine and it possesses, in addition, 
considerable advantages of its own. First, 
it is simple in design, installation, and op
eration because of the absence of boiler 
condenser and water cooling plant, and con
sequently it is less expensive in initial cost 
as well as operating cost than the equivalent 
steam plant. Secondly, it can be started 
easily and reach full load in five to ten 
minutes. Finally, it requires much simpler 
instrumentation and controls than the steam 
plant. 

Gas turbines used by wind tunnel drives 
should operate at relatively low turbine inlet 
temperature (around 1200 F) in order to 
permit trouble-free operation over long 
periods of time. They should incorporate 
heat exchangers to utilize the waste heat of 
the turbine for power recuperation and to 
offset thereby the detrimental effect of the 
low turbine inlet temperature on the thermal 
efficiency. 
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A wind tunnel power plant should be ca
pable of efficient operation over a range of 
compressor speeds and at part loads and 
maximum acceleration during starting. To 
meet these requirements the use of gas 
turbine schemes involving multiple com
pressor and turbine units may be desirable. 
Of the great variety of possible arrange
ments, one is shown schematically in Fig. 
V-12. The comparison between part load 
efficiencies of the simple single unit gas 
turbine and of this arrangement, as well as 
the corresponding torque-speed relations, 
are also presented there. 

While many commercial gas turbine power 
plants of various sizes (up to 20,000 hp) are 
in existence today, this type of power plant 
has been considered only in relatively few 
instances for wind tunnel applications. One 
of these is the drive of the 8 ft. by 8 ft. high
speed tunnel of the NAE at Bedford where the 
compressor is driven by a 68,000 hp syn
chronous motor in tandem with two 6000 hp 
DC motors. The synchronous motor obtains 
its power from the electric network when 
operating at the proper speed (720 rpm) and 
is fed by two variable speed gas turbine-
driven alternators, at speeds below 550 rpm. 
Acquisition of a third gas turbine is contem
plated to fill the gap in the power-available 
curve between 550 rpm and 720 rpm. 

A rather ingenious variant of the gas 
turbine drive utilizing a closed cycle gas 
turbine has been developed by Escher Wyss. 
In this design the supersonic tunnel forms 
an integral part of a closed turbine cycle 
in which air is the working substance and 
heat is added and extracted from the cycle 
through heat exchangers. The cycle utilizes 
two compressors, each developing a pressure 
ratio of 4.3 to 1 at7000rpm. A low-pressure 
unit handles the air from the wind tunnel 
branch of the circuit and a high-pressure 
compressor handles the air both from the 
power branch and the tunnel branch at high 

Mach numbers and from the power branch 
alone at the lower Mach numbers. Variation 
in Reynolds number can be easily obtained 
with this type of arrangement by varying 
the pressure level within the closed system. 
Figs. V-13 and V-14 present schematic 
diagrams of this scheme prepared by Escher 
Wyss and indicating the values, of pressures, 
temperatures, and mass flows at the various 
points of the circuit for overall tunnel pres
sure ratios of 18.5 to 1 at M • 5.0 and 4.3 to 
1 for M • 3.2. 

(d) Hydraulic Turbines 

Hydraulic energy for wind tunnel drives 
becomes economically feasible whenever 
sites of suitable physical characteristics 
are available. High head installations are 
most desirable as they require, for a given 
power, a relatively small flow of water r e 
sulting in an installation of small dimensions 
which is in general the least expensive. 

The most noteworthy installation utilizing 
water power is the test center of the ONERA 
in Modane. Here water is supplied from an 
artificial lake at the minimum rate of ap
proximately 28 cfs over a drop in elevation 
of 2800 ft. This water is utilized at present 
to drive the 26 ft. diameter, high-speed 
tunnel, which has a range of Mach numbers 
from 0.2 to 0.95, but it will also be made 
use of in a proposed supersonic tunnel for 
Mach numbers from 1,3 to 2.5. 

The subsonic tunnel is driven by a pair of 
counter-rotating fans of 46 ft. diameter 
having 12 and 10 blades, respectively, each 
powered by a 55,000 hp Pelton turbine. Each 
turbine has a rotor of 16,5 ft. diameter 
operating over a range of speeds from 32 to 
250 rpm and is equipped with two main 
nozzles of 25,000 hp each, a third auxiliary 
nozzle for regulation of 500 hp and a small 
reversed jet for braking. The character
istics of the drive appear in Fig, V-15. 

16 



The supersonic tunnel which is being 
planned for Modane will have a 2.25 m by 
2.25 m test section with variable Mach 
number nozzle and adjustable diffuser. Its 
compressor will be of the axial flow type 
with a maximum pressure ratio of 3 to 1 
and will be driven by a four-wheel Pelton 
turbine of 85,000 hp. 

Another type of hydraulic drive that may 
be utilized for wind tunnel application is 
based on a pump storage system. Water is 
here pumped from a lower reservoir to an 
elevated location over a long period of time 
using electrically driven pumps of relatively 
small sizes and returned at a high rate 
through Pelton type turbines to the lower 
elevation. In this manner the severe, fluc
tuating power demands of large wind tunnels 
may be accommodated without undue dis
turbance of the power schedule of the elec
trical transmission network. 

(e) Hydraulic Torque Converters 
and Eddy Current Couplings 

While devices of this type do not fall, 
strictly speaking, into the category of power 
systems, consideration should be given to 
them in selecting the tunnel drive. It may 
be possible to combine one of them with a 
simple constant speed prime mover and to 
arrive in that manner at a drive system of 
reasonable cost and sufficient flexibility to 
permit efficient tunnel operation over a wide 
range of Mach numbers. 

Torque converters, originally developed 
by Foettinger around 1912 for marine power 
plants, have been built for various speed 
ratios and in various sizes with the largest 
ones transmitting 25,000 hp or more. In 
contrast to gears, a torque converter can 
operate over a large range of speed ratios 
with the efficiency of torque conversion being 
highest at the speed ratio for which the unit 
was designed and decreasing gradually on 

both sides of the design point as apparent 
from the performance curves of a typical 
unit reproduced from Ref. 17 in Fig. V-16. 

The torque converter comprises three 
basic elements, shown diagrammatically in 
Fig. V-17: a pump runner driven by the 
primary shaft, a reaction turbine mounted 
on the secondary shaft and driven by the 
pump, and a set of stationary guide vanes 
interposed between the two runners and 
responsible for the change in torque. Due 
to the proximity of the basic components to 
each other and the ingenious manner in 
which the moving and stationary passages 
are combined, the maximum efficiency of 
converters is usually higher than the product 
of the highest possible turbine and pump 
efficiencies, with 85 to 90 percent being 
typical for units of larger sizes. 

The torque input to the primary shaft of 
the converter varies with the second power 
of the primary speed and with the size of 
the converter, but it is generally independent 
of the speed ratio. Consequently, with the 
torque-speed curve of the prime mover being 
fixed, the primary shaft speed is determined 
while the speed of the secondary shaft is 
automatically set by the torque required by 
the compressor. The useful speed range 
extends from the maximum secondary shaft 
speed (at zero transmitted torque) to zero 
secondary shaft speed (at maximum trans
mitted torque). The ratio of idling speed to 
primary speed, speed ratio for best effi
ciency and ratio of starting torque to primary 
torque are fixed by the design of the con
verter. 

It is apparent from these characteristics 
that in combination with a constant speed 
prime mover, such as the synchronous motor, 
the converter constitutes a drive which will 
operate with reasonably high efficiency over 
a speed range of the compressor of 2 to 1 
or more; in addition, the starting character
istics of such a drive are also attractive. 
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Eddy current couplings are essentially 
variable slip clutches often used in wind 
tunnel drives between the variable speed 
fan and a synchronous motor. The torque-
speed characteristics of a typical coupling, 
taken from Ref. 18 are shown in Fig. V-18 
together with a typical torque load curve. 
It appears that in this example rated torque 
is developed at approximately 3 percent slip 
and that the fan speed can be adjusted by 
varying the field excitation of the coupling. 
Excess torque, which is a measure of ac
celerating capacity, is also apparent. 

In the eddy current coupling, primary 
and secondary torque are, of course, equal 
at steady state conditions and the power loss 
due to slip is rejected to a coolant in the 
form of heat. The magnitude of this power 
loss is simply the product of the transmitted 
power and the ratio of slip rpm to output 
rpm. With a fan load (hp proportional to 
rpm5) the maximum loss occurs at two-
thirds of full speed and the hp loss is ac
cordingly 15 percent of rated hp becoming 
less than that at all other reduced speed 
points. Among the wind tunnel drives utiliz
ing eddy current couplings, the original drive 
of the E. T. Allen Memorial Tunnel of the 
Boeing Airplane Company in Seattle was 
one of the largest. It consisted of an 18,000 
hp, 514 rpm, synchronous motor with an 
18,000 hp eddy current coupling -Jor speed 
control. It was converted later to 54,000 
hp by the addition of a wound rotor induction 
motor. 

(f) Jet Induced Tunnel Drives 

Even though jet pumps do not compare 
favorably with the conventional compressor 
drives as far as efficiency is concerned, 
there are instances where the use of this 
type of drive is of advantage. Tunnels 
employing the induction principle as the 
source of power belong usually in one of the 

two following categories: wind tunnels of 
very small size built with emphasis on 
simplicity and low initial cost, where operat
ing expenses are of little significance; and 
tunnels operated in laboratories connected 
with the development or manufacture of jet 
engines. 

(1) Small Wind Tunnels 

Wind tunnels belonging to this category 
usually have test sections of a few square 
inches in cross section, operate at Mach 
numbers of 3.0 or less and utilize ejectors 
driven with steam or with high pressure 
air supplied by small positive displacement 
compressors of the reciprocating or rotary 
type. 

A typical example of a tunnel driven by 
a standard steam jet exhauster is the wind 
tunnel of the Department of Aeronautical 
Engineering of the University of Colorado 
(Ref. 19) shown schematically in Fig. V-19. 
This tunnel has a test section size of 2.5 
in. by 1.6 in., is equipped with a set of 
nozzles for Mach numbers of 3.0 and 2.4 
and requires about 2000 lbs. per hr. of 
steam. As the steam is supplied from the 
surplus capacity of the heating plant of the 
university, there is very little direct cost 
connected with the operation of this tunnel. 

An induction tunnel operated with a r e 
ciprocating compressor is shown schemat
ically in Fig. V-20. As an example of a 
tunnel of this type one may cite the 6 in. by 
4 in. tunnel for M = 1,7 in the fluid mechanics 
laboratory of the University of Delft. In 
this tunnel the motive air, supplied at 15 
atmospheres to the supersonic primary noz
zles, enters the mixing region at M : 2. The 
75 hp compressor used in this installation to 
supply the primary air is not large enough 
to sustain continuous operation and, there
fore, a storage tank of 5 m3 capacity and 
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300 at. p ressure is used in connection with 
it, which suffices for tes ts of two hour ' s 
duration. 

For details of the performance analysis 
and design of the ejector, see Refs. 20, 21, 
and 22. 

(2) Jet Engine-Driven Wind Tunnels 

In recent years several wind tunnels of 
this type have been placed in operation, 
expecially in organizations that a re familiar 
with the building and running of jet engines, 
e.g., Rolls-Royce Ltd., Handley Page Ltd., 
English Electr ic Company, Ltd., SAAB, and 
others . Information about several of these 
installations can be found in Ref. 23. The 
jet engine can be used either directly by 
connecting the inlet of an open circuit tunnel 
to the tailpipe of the engine or by utilizing 
one or more jet engines for a i r pumps as 
shown schematically in Fig. V-21. The 
lat ter scheme has, of course , a lower ef
ficiency and therefore at the higher Mach 
numbers a given engine will be able to drive 
a tunnel with a la rger test section s ize when 
used according to the first scheme. This is 
apparent from the comparison of the two 
schemes taken from Ref. 23 and shown in 
Fig. V-22 for one Nene jet engine. (The 
Nene is in the 5000 lb. thrust c lass and 
handles approximately 90 lbs. per sec of 
a i r at sea level static conditions.) 

While engine-driven tunnels have been 
pr imari ly built for high subsonic and t ran
sonic speed ranges, because of the relatively 
large test section a reas obtainable in this 
Mach number range they can be used up to 
Mach numbers around 2.0. The a i r flows 
that a re used in some of the tunnels utilizing 
the air pump scheme range from 1.25 to 
about 4 t imes the engine airflow. 

Among the advantages of jet engine-
driven tunnels are the simplicity of instal la
tion, the independence from electr ical supply 

networks and the flexibility inherent to in
duced d r ive r s which permit the use of a given 
driving jet in conjunction with tunnels of 
various s izes and Mach numbers . The most 
obvious disadvantages are the high noise 
level associated with the engine, which ne 
cess i ta tes extensive silencing provisions, 
and the high temperature of the jet, (around 
700°C). This lat ter feature can be made 
use of effectively, however, to combat the 
condensation problems that a re always p r e s 
ent in high speed tunnels. 

VI. AERODYNAMIC DESIGN PRINCIPLES 
OF WIND TUNNEL COMPRESSORS 

At t imes the use of commercially avail
able compresso r s is not pract icable. This 
i s , for instance, the case in tunnels of the 
largest s izes where the flow ra te of standard 
compressor models is exceeded and where 
a combination of several units in parallel 
would become undesirable because of the 
prohibitive cost and bulkiness of the required 
ducts and valves. 

With reference to compressors that have 
to be specially designed and built in these 
cases , a brief summary of some pertinent 
aerodynamic des.ign considerations is p r e 
sented in the following. Specifically, the 
influence of hub rat io or compressor pe r 
formance is shown, various types of blading 
a re discussed from the point of view of two 
and three dimensional flow, and consideration 
is given to changes in volume flow by means 
of blade adjustment. 

The basic charac ter i s t ics of the compres 
sor are based on the p re s su re ratio and 
volume flow requirements of the wind tunnel 
under consideration and on the type of pr ime 
mover that has been selected. The compres 
sor design must be a compromise between 
features resulting in high efficiency and 
small bulk on the one hand and simplicity of 
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manufacture, ease of operation, and low 
cost on the other. These basic character
istics include the rpm, tip diameter, hub 
ratio, number of stages and blading type. 
In determining these, certain conservative 
design limitations are used, the most com
mon ones usually being an overall efficiency 
of 81 to 86 percent axial Mach numbers around 
0.4, cascade inlet Mach numbers of 0.65 to 
0.70, blade loadings (product of solidity and 
lift coefficient) of 1.2 or less, and constant 
energy addition along the blade span. 

In these calculations it is important to 
consider radial equilibrium at the inlet and 
exit from each blade row, because significant 
variations in axial velocity with radius may 
appear in certain types of bladings as the 
result of radial flow. Only in the case of 
bladings designed on the free vortex prin
ciple does the axial velocity remain constant 
along the radius so that radial equilibrium 
is automatically satisfied. This feature of 
free vortex bladings introduces considerable 
simplification into the analysis and is prob
ably the main reason for the popularity of 
this type of blading on the Continent. 

When combining a large number of stages 
into compressor units, it is a generally 
accepted rule to limit the number of stages 
per unit to 12 to 15. If high pressure ratios 
require a larger number of stages, it is ad
vantageous to separate them in two or more 
units because such an arrangement offers 
the possibility of interceding and of utilizing 
smaller diameters and higher rpm in the 
high pressure unit. 

For selection of the most suitable types 
of blading, a variety of different blading 
types is available; these are usually defined 
by the form of the velocity triangles asso
ciated with the flow at the root and tip of 
the blades. Velocity triangles for bladings 
of the most common types are shown in 
Fig. VI-1. They include: (a) free vortex 

blading with axial inflow, (b) free vortex 
blading with positive prerotation, (c) free 
vortex blading with negative prerotation, (d) 
blading with rigid body prerotation, (e) con
stant reaction blading, (f) half vortex blading, 
and (g) constant mean spin with symmetrical 
diagram at the root. 

Free vortex blading is characterized by 
the fact that the peripheral component Cu of 
the flow at the entrance and discharge from 
the blade rows follows the free vortex law 
Cu - r = constant. In addition, the axial 
velocity and the circulation are essentially 
constant at all diameters and there is no 
flow in the radial direction except in the 
boundary layers. Vortex blading with axial 
inflow (Fig. Vl-la) is probably the simplest 
type of blading. Due to Mach number limita
tions at the rotor tip it is seldom used with 
tip speeds exceeding 700 ft. per sec and with 
hub ratios below 0.65. Because the degree 
of reaction R (ratio of the static pressure 
rise in the rotor to the total pressure rise 
in the stage) for this blading type is usually 
between 0.7 and 0.9, the pressure changes 
only little across the stators and consequently 
the leakage losses are small. 

When higher speeds of rotation are de
sired (up to 900 ft. per sec) vortex blading 
with positive prerotation (Fig. VI-16) can be 
used. This blading type also requires a 
smaller number of stages for a given pres
sure ratio but, as apparent from the velocity 
diagram, the entrance Mach number at the 
stator hub may in this case become critically 
high. 

When the speed of rotation is limited by 
the prime mover to low values, negative pre
rotation can be used to advantage. The 
velocity diagram for this blading (Fig. VI-Ic) 
shows that the degree of reaction exceeds in 
this case 1. Several of the NACA's wind 
tunnel compressors, including the Ames 
unitary facility compressor, utilize free 
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vortex flow blades and have symmetrical 
vector diagrams at the mean radius. The 
compressors are of fixed geometry and op
erate at variable speeds. 

Rigid body prerotation blading (Fig. VI-
Id) utilizes forced vortex flow at the stator 
exit, i.e., the peripheral velocity component 
Cu varies with the radius according to 
C u / r = constant. This generally permits the 
use of lower hub ratios than could be achieved 
with the corresponding free vortex design. 
It is furthermore of interest that the axial 
velocity in this blading is decreasing and the 
degree of reaction is increasing along the 
radius toward the tip. Typical values of R 
appear to be around 0.3 at the root and 0.8 
at the tip. 

As the highest permissible Mach number 
is, in general, the same for stator and rotor 
profiles, it is clear that bladings with sym
metrical velocity triangles, i.e., with 
W, = Ca, would result in maximum stage 
pressure ratios and highest stage effi
ciencies. Bladings of this type are usually 
referred to as constant reaction or 50 percent 
reaction bladings (Fig. VI-le). To realize 
the advantages inherent in this blading it is 
necessary to assign to the average of the 
entering and leaving axial velocity a constant 
value along the blade, which requires a radial 
total pressure gradient dp-j/dr = C(r). This 
pressure gradient can be established by use 
of a special inducer stage at the compressor 
entrance. 

Another special stage is usually placed at 
the discharge side to redistribute the energy 
uniformly over the annular cross section 
before it enters the discharge duct. With 
the aid of the radial energy gradient, the 
axial velocity can be kept reasonably con
stant and approximately 50 percent reaction 
realized at all radii. Without this gradient 
the axial velocity would drop sharply toward 
the blade tips and reduce the efficiency of 

the blade tips. Constant reaction blading 
produces, among the blade types discussed 
here, the largest pressure rise per stage 
and permits at the same time the use of 
very high rotative speeds (1000 ft. per sec). 
On the other hand, the design of 50 percent 
reaction compressors is somewhat involved 
because of the radial gradients and conse
quently the performance specifications for 
compressors using this type of blading should 
include a sufficient margin for deviations 
from design conditions. 

Half vortex blading (Fig. Vl-lf) rep
resents, as the name implies, a compromise 
between constant reaction and free vortex 
designs with the variations of the degree of 
reaction being limited to about half of the 
variation present in the free vortex type 
bladings. It is apparent from the velocity 
diagram that the peripheral velocity com
ponent at the rotor inlet Cut is constant 
along the radius and that the variation in 
relative rotor inlet Mach number with radius 
is reduced compared with the free vortex 
design. This type of blading was originated 
in England and is widely used there, e.g., 
by the English Electric Company, Ltd., in 
the compressor for the 8 ft. by 8 ft. wind 
tunnel of the NAE at Bedford. 

Bladings with constant mean spin (Fig. 
VI-Ig) are characterized by the relation 
(Cui • CUz)/2 = constant. This type of blad
ing is usually designed with a symmetrical 
velocity diagram at the blade root and with 
constant total pressure along the radius re 
sulting in a gradual increase of the reaction 
ratio toward the blade tips. The most notable 
features of this type of blading are the very 
low twist required in the stators, the rela
tively small changes in axial velocity with 
radius, and the low stator blade loadings 
for a given stage pressure rise. The com
pressor of the Propulsion Wind Tunnel of 
the AEDC being built by the Westinghouse 
Corporation represents the latest compres
sor incorporating this type of blading. As 
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mentioned earlier, it is designed for con
stant rpm and utilizes stator blade control 
to accommodate variations in mass flow. 

To determine which blading type is best 
suited for a particular compressor design, 
studies are usually made using the various 
blading types. The nature of such studies is 
best illustrated by an investigation of Watten
dorf presented in Ref. 24, This study deals 
in particular with the compressor stages 
utilizing velocity diagrams of the free vortex 
and rigid body prerotation types and with 
the bladings resulting in maximum rotor 
work. 

The author assumes constant axial velocity 
at all radii throughout each stage, constant 
value of the sonic velocity, and uses a limit
ing cascade inlet Mach number of 0.8 and 
a maximum blade loading of 1.20. Figs. 
VI-2. VI-3, and VI-4, reproduced from Ref. 
24 for ease of reference, show, respectively, 
the influence of axial Mach number and hub 
ratio on the maximum mass flow, the rela
tionship between axial Mach number and 
blade element temperature rise in bladings 
of 50 percent reaction for several values of 
the limiting relative Mach number, and the 
pressure ratio obtainable with each of the 
blading types at various mass flow ratios. 

It appears from Fig. Vl-2 that the mass 
flow ratio improves significantly with an 
increase in axial Mach number to about 0.7 
to 0.8 and with a decrease in the hub ratio 
to about 0.3 to 0.4. Fig. VI-3 shows the 
detrimental effect of high axial Mach numbers 
on the temperature rise across the blade 
elements of a symmetrical stage and em
phasizes the necessity for a compromise 
between these two factors. Fig. VI-4 is the 
final figure of the study and summarizes the 
difference in the performance of the various 
blading types. It shows that the blading with 
rigid body prerotation is capable of higher 
values of temperature rise than the free 

vortex type, except at extremely high mass 
flow ratios, and that the blading designed 
for maximum constant rotor work (50 percent 
reaction) is superior to both of them. 

While in the preceding analysis the com
parison between the various types of bladings 
was made on the basis of blade loadings 
using the concept of the maximum lift coef
ficient, attention should also be called to 
recent efforts to utilize a "coefficient of 
separation" to express the loading limitation 
of cascades. This coefficient, suggested by 
Wislicenus in Ref. 74 can be readily evaluated 
for various cascade configurations using 
experimental cascade pressure distributions 
found, e.g., in Ref. 75, 

In wind tunnels requiring compressors of 
special design, it is often found to be econom
ical to incorporate the flexibility required 
from the drive system into the compressor 
itself as outlined in Section IV(d). One of 
the criteria to be considered 'n the design 
of variable geometry compressors utilizing 
adjustable blading is the effect of the changes 
in angle setting on the performance of a 
specific blade configuration. This effect 
may be analyzed along the lines of the study 
by McCoy and Hooper outlined in Ref. 25 
which is based on the concept of a "blade 
control effectiveness," E s for the stator and 
ER for the rotor, where 

- (£>M- o-

(7) 

Here n is the percentage increase in flow 
AQ/Q resulting from an adjustment of the 
blade angle setting of either the stator or the 
rotor where S - 0° refers to the setting at 
the design point. Assuming that the flow 
exit angles relative to the blade elements 
are constant, that the stage pressure rise 
does not vary with radius and that the radial 
velocities existing at the design condition 
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are not affected by blade adjustment, McCoy 
and Hooper derive the following expressions 
for blade control effectiveness: 

MZz + <f>l 

(8) 

Where <£> is the dimensionless axial ve
locity, £ is the radius ratio, *\ and p. are 
the dimensionless peripheral components of 
the absolute and relative velocities, respec
tively, and ir is the dimensionless pressure 
rise. Utilizing the above expressions, rela
tions are presented in Ref. 25 for variations 
of E with <• and <£ . These are reproduced 
for a symmetrical stage in Fig. VI-5. The 
influence of the degree of reaction R on E 
is shown in Fig. VI-6 and the effectiveness 
of various blading types, all designed with 
50 percent reaction at the blade roots, also 
taken from the above reference, is presented 
in Fig. VI-7. 

Summarizing the conclusions reached in 
the reference regarding blade control effec
tiveness: high effectiveness values may be 
obtained by the use of high mass flows and 
pressure coefficients. The effectiveness of 
both rotor or stator blade adjustment changes 
symmetrically about a 50 percent reaction 
ratio. Low reaction ratios should be used 
for stator blade control and high values for 
rotor blade control. Control effectiveness 
is shown to vary along the blade span, being 
a maximum at the root in all of the stators 
and some of the rotors that were considered. 

VII. STARTING PROBLEMS OF WIND 
TUNNELS 

The preceding sections dealt primarily 
with the steady state aspects of wind tunnel 

drives. In this portion some material is 
presented with regard to transient phenomena 
encountered during the starting period of 
tunnels. While the nature of the problems 
arising in connection with this phase of tunnel 
operations permits only a general and quali
tative treatment, it is felt that such a dis
cussion, even though cursory, will be of 
some use in planning a wind tunnel drive. 
Of the topics related to the starting of a 
tunnel the following are of primary interest: 
starting limitations of the prime mover, 
pressure ratio required to establish the flow, 
stresses on models during the start and the 
problem of compressor surge. 

(a) Starting Limitations of the Prime 
Mover 

The torque required during starting is a 
combination of the aerodynamic torque, the 
accelerating torque, and the friction torque, 
the last one being quite small compared to 
the other two. 

The aerodynamic torque varies, for a given 
Mach number setting of the nozzle and the 
diffusor, with the square of the rotative speed 
as long as the rpm are low so that the flow 
in the tunnel circuit and compressor pas
sages can be considered incompressible. At 
higher speeds of rotation deviations from 
the square law occur due to the density 
changes and Mach number effects on the 
cascades. 

In centrifugal compressors (Ref. 26) the 
above torque speed relation may be corrected, 
at least approximately, to include the effect 
of inlet Mach number with the aid of the 
correction factor K, which is the ratio of 
the efficiency nm at an arbitrary Mach 
number to the low speed efficiency t)0 . The 
variation of K with relative inlet Mach number 
M, taken from Ref. 26, is reproduced in Fig. 
VII-1. Accordingly, the value of the torque 
at a given Mach number may be obtained 
from relation Tm « T 0 y£(N m /ND)Z . 
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The magnitude of the aerodynamic torque 
is also proportional to the density of the 
air entering the compressor and may there
fore be easily reduced by lowering of the 
static pressure level in the tunnel circuit 
prior to the start. After the compressor 
reaches its full speed it may be returned 
to its desired value. The accelerating torque, 
being the product of the polar moment of 
inertia of the driver-compressor combination 
and the angular acceleration, can be kept 
below its prescribed maximum by limiting the 
rate of acceleration of the drive. For ex
ample, in the case of the compressor system 
of the Propulsion Wind Tunnel of the AEDC, 
the combined moment of inertia of the system 
is 84,000,000 lbs. ft.2 - representing at 600 
rpm 1950 kwh of stored energy. This cor
responds to a stored energy per kva capacity 
of 40 kw - sec per kva. 

The magnitude of the available torque, 
which should, of course, equal the total re 
quired torque, depends on the type of prime 
mover; some typical torque speed curves 
were included in Section V(e) dealing with 
the various sources of power. While constant 
speed drives have a fixed torque-speed 
characteristic, it is usually possible invari
able speed drives to change the torque-speed 
characteristics within certain limits. For 
example, in gas turbines this can be accom
plished by changes in fuel flow, in steam 
turbines by varying the steam rate or by 
throttling the steam at the inlet, in DC drives 
by varying the excitation and in wound rotor 
motors by changing the resistance of the 
rotor winding. In the case of electric drives 
there is an additional limitation in the rate 
at which the load on the electrical network 
may be increased. 

On the basis of the information regarding 
required and available torque characteris
tics, it is usually necessary to know whether 
the resulting duty cycle of the tunnel (number 
of runs of a given duration in an eight hour 

period) meets the needs of the laboratory. 
The time required to bring the compressors 
up to speed and to stop the drive, as well as 
the time element involved in evacuating the 
tunnel prior to the start and restoring the 
pressure level after the drive has reached 
its operating point, has to be considered in 
this connection. 

(b) Pressure Ratio Required to Establish 
a Given Mach Number 

By considering the details of the starting 
process in a supersonic tunnel containing a 
convergent-divergent diffuser, one can read
ily see that a higher pressure ratio will be 
necessary during starting than is required 
to maintain the flow once it has been estab
lished. This feature of supersonic tunnels 
was reviewed in Section II of this study. 

The sequence of events during starting is 
illustrated in Fig,. VII-2. The dotted line 
shows the change in the operating point of 
the compressor during its acceleration, with 
A representing the point at which the flow in 
the test section reaches the desired Mach 
number. When that point is reached, a normal 
shock appears at the test section exit. If 
the compressor system is equipped with a 
sufficient amount of flexibility it then becomes 
possible to utilize the potentialities of the 
convergent-divergent diffuser by moving the 
shock to the throat of the diffuser. This is 
accompanied by a reduction of the pressure 
ratio and volume flow of the compressor to 
values represented by point B in the figure. 
In case the diffuser is adjustable, it is pos
sible to move the operating point to the 
minimum pressure ratio represented by point 
C by decreasing the size of the diffuser throat 
and reducing the Mach number there. It 
should be emphasized that this last step re 
quires simultaneous changes in diffuser ge
ometry and in the operating point of the 
compressor system. 
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It was indicated in Section 11 that il i s 
possible to reduce the start ing p ressu re 
ratio to the value required to maintain super
sonic flow by use of an adjustable nozzle in 
combination with an adjustable diffuser. In 
this case the operating point would again 
follow the start ing curve to point A, but from 
there it would move to point D located on 
the curve of minimum pres su re rat ios and 
characterized by the same p ressu re rat io as 
point " A " but at a substantially higher Mach 
number. As the change from AtoD requires 
simultaneous changes in the nozzle, the 
diffuser, and the compressor performance 
as well, it see.ns that this operation can be 
simplified by equipping the compressor s y s 
tem with a control capable of automatically 
maintaining a constant p ressure ratio and by 
scheduling the change from A to D along a 
line of constant p re s su re rat io, as shown in 
the figure. 

In view of the complexities connected with 
the preceding method, efforts a re being made 
to devise other schemes leading to a reduc
tion of the star t ing p re s su re ra t io . One of 
the most promising ones was originated by 
Kantrowitz (Ref. 27). It is based on a pulse 
s tar t technique and utilizes shock tubes as 
pulse genera tors . The experiments reported 
in Ref. 28 indicate that this method could be 
applied advantageously to supersonic wind 
tunnels and that it would be most beneficial 
in high Mach number tunnels of large s izes . 
On the other hand it appears that this s t a r t 
ing method requi res combined applications 
of both p ressu re and vacuum pulses, and 
that it involves the installation of a system 
of check valves upstream of the convergent-
divergent nozzle. The diagram of a proposed 
arrangement of this type is reproduced from 
Ref. 28 in Fig. Vll -3 . 

Another means for reducing the star t ing 
p ressu re rat io requirement is based on the 
studies of Hunczak and Rousso (Ref. 29). In 
this investigation the use of air injectors as 

supplementary compressors was explored. It 
appears from the data presented that at 
Mach number 3.85 the start ing p re s su re 
ratio can be reduced in a tunnel equipped 
with a fixed convergent-divergent diffuser 
from 9.80 to 4.68, with the injectors operating 
at an injector-to-tunnel mass flow ratio of 
1.27. The corresponding p ressure rat ios 
obtainable at a Mach number of 3.05 would bc 
4.5 and 2.71 with a mass flow ratio of 0.9. 
It seems that this scheme would be best 
suited for tunnels of smal le r s izes where 
the injector a i r could readily be stored in 
p re s su re vessels of relatively small s izes 
and the size of the compresso r s supplying 
the injector air thereby kept small . 

(c) Starting Loads on Models 

One of the factors influencing the selection 
of the range of static p r e s su re s in the test 
section is the s t r e s s level on the models. 
As the s t r e s s e s on a model of a given s ize 
are proportional to the dynamic p ressu re 
q • l / 2 y p s M 2 it can be readily seen that 
at higher Mach numbers it may become nec
essary to limit the p re s su re in the test s e c 
tion in o rder to keep the model s t r e s s e s 
within reason. 

In dimensioning the models one also has 
to take into account the fact that the largest 
portion of the aerodynamic load is applied 
almost instantaneously when the start ing 
shocks pass through the test section. For 
example, when a tunnel with the nozzle set 
for M = 4 is s tarted, the dynamic p ressu re 
increases gradually at f irst with the com
presso r rpm reaching approximately one-
fifth of the full speed value when the star t ing 
shock is about to enter the test section, but 
the additional four-fifths of the increase is 
realized during the very short t ime interval 
that it takes for the shock to pass through the 
test section and into the diffuser. The abrupt 
increase in the dynamic p r e s su re level a c 
companied by a rapid change in the p ressu re 
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distribution on the model may cause the 
model to vibrate with considerable amplitude. 

VIII. COMPRESSOR SURGE IN WIND 
TUNNEL CIRCUITS 

The stalling of the blade profiles in axial 
and radial compres so r s determines the mini
mum weight flow and maximum p r e s s u r e 
ra t io that can be obtained with a compressor 
at a given rpm and consequently the stall 
point is of importance in compressor s y s 
tems designed to operate over a wide range 
of volume flows. As wind tunnels a r e usually 
utilized to the limit of their capabil i t ies, i .e. , 
to the highest possible Mach number, requ i r 
ing maximum p re s su re ra t io at full rpm, 
there is at t imes danger of running inad
vertently into the stall point. Stall may also 
be encountered at lower rpm due to the 
changes made in diffuser and nozzle geom
etry in the course of the s tar t ing phase. 
With a fixed setting of the diffuser and 
nozzle there is no danger of surge at low 
speeds as is apparent from the comparison 
of the shape of the surge line with a tunnel 
operating curve in Fig. VI1-4. Stall may 
also be induced by an increase in blade 
Mach number caused by a drop in stagnation 
tempera ture (excessive cooling) and by non-
uniformities in flow at the compresso r en
t rance , due to model wakes, e tc . 

As stal l may resul t in fluctuations of the 
m a s s flow and as these fluctuations may 
have the same frequency as the bending 
frequency of the blades of one or more of 
the compressor s tages , operation of the 
compresso r at stall should be avoided. Nu
merous blade fai lures observed in axial 
compres so r s after brief periods of stalled 
operation seem to substantiate the hypothesis 
attributing them to resonance excited by the 
s ta l l . 

Studies of the behavior of single axial 
flow stages near stall show that stall does 

not occur always over the ent ire annulus 
area of the stage but may be res t r ic ted to 
some sec tors of the annulus and that these 
sec to r s rotate about the compressor axis 
in the same direction as the rotor but at 
considerably lower speeds . In low hub rat io 
s tages the blade tips stall first when the 
m a s s flow is reduced beyond a certain value. 
A further decrease of the flow ra te resu l t s 
in an increase of the circumferential and 
radial extent of the stalled zones while the 
blade roots a re not affected. A stal l of this 
type is usually referred to as progress ive 
rotating s ta l l . 

The performance of such a low hub rat io 
stage and corresponding osci l lograms of the 
fluctuating mass flow ra te versus t ime a r e 
reproduced from Ref. 32 in Fig. VII-5a. In 
high hub rat io s tages , stall occurs s imul
taneously at all radii resul t ing in a discon
tinuous charac te r i s t ic curve as shown in 
Fig. VII-5b, which was also taken from the 
same reference. In this case stall is again 
res t r ic ted to severa l zones of the annulus 
with the zones rotating at one-third to one-
half of the ro tor speed. 

The surging of a stalled compressor , 
character ized by an overall oscillation of 
the flow, may occur in regions of the mass 
flow where the slope of the compressor 
charac te r i s t ic is positive; in addition, it is 
necessary that the slope of the system cha r 
ac ter is t ic (throttle curve) exceed the slope 
of the compressor curve. Under these c i r 
cumstances the weight flow through the 
system may execute a damped oscillation 
which will be unstable for negative values 
of the damping coefficient and resul t in 
surge . A large rece iver volume and a steep 
res i s tance curve resul t in smal l damping 
coefficients and are therefore conducive to 
surge . In axial compres so r s the compressor 
curve may possess a discontinuous drop in 
p r e s s u r e ra t io at a cer tain mass flow due 
to a complete stall of the compressor at 

26 



that point. In that case a violent, cyclic 
fluctuation of mass flow and p ressu re ratio 
may occur in sys tems where the damping is 
sufficiently low. 

The problems of stall and surge can be 
analyzed along two different lines of approach. 
The first one considers the compressor and 
its system and investigates the stability of 
the system when disturbed from a steady 
state operating point. The c r i t e r i a stated 
above were derived in this manner (see 
Refs. 30 and 31). In the other type of ap
proach, single stage charac ter i s t ics of axial 
flow fans are analyzed and comparisons 
made between the performance of multistage 
compressors calculated from single stage 
data by stage stacking techniques with ex
perimental resul ts (see Ref. 32). 

In Ref. 32 a performance analysis is 
presented for a hypothetical multistage com
pressor consisting of low hub rat io inlet 
stages having progress ive stall charac te r 
ist ics and with the root to tip stall in the 
res t of the s tages. The analysis demonstra tes 
how conclusions can be drawn regarding the 
stall character is t ics of a compressor at 
various speeds on the basis of the known 
stall behavior of the individual s tages . 

The changes in stage performance with 
rpm can be easily understood on the basis 
of Fig. VI1-6; here the flow area through a 
high p ressure ratio axial compressor is 
shown together with the a reas that would be 
required at low speeds. It appears that in 
the low rpm range, where the l i r is e s sen
tially of constant density, the a reas in the 
entrance region are excessive and resul t in 
axial velocities that a re too low; at the d i s 
charge the c ross sections are too small and 
the corresponding axial velocities too high. 

In addition, the study in Ref. 32 is indi
cative of the various means that can be 

devised to detect approaching stall by ap
propriate p ressu re measurements in cr i t ical 
locations throughout a compressor . Such 
stall warning devices may be of special s ig
nificance for wind tunnel dr ives as they 
should aid in reducing the r i sks encountered 
during operation of the tunnel compressor in 
the vicinity of the stall region. 

IX. MECHANICAL DESIGN OF WIND 
TUNNEL COMPRESSORS 
AND THEIR DRIVES 

The following collection of information 
regarding design c r i t e r i a was obtained from 
various sources and has been used in the 
design of various wind tunnel drives and 
compresso r s . Because it would be almost 
impossible to include all design information 
that has been used in this field, only the major 
design problems are covered and references 
cited which are most readily available. 

(a) Shafts 

Various types of shafting have been used 
to connect the power source with the com
pre s so r . Solid shafts are usually used in 
the smal le r installations when shaft "c r i t i ca l 
speeds" will tolerate their use, while hollow 
shafting i s , as a rule , used in the la rger 
installations in order to bring the shaft 
cr i t ical speed above the maximum operating 
speed and also to reduce the bearing loads 
and installation problems. 

Couplings should be, whenever possible, 
forged integral with the shafts ra ther than 
welded, since laboratory tes ts and analytical 
studies indicate that it is almost impossible 
to reduce s t r e s s concentrations to a mini
mum in a welded assembly of this type. 

Balancing of the drive shafts has been 
found necessary in high-speed dr ives . This 
is especially true for hollow shafts which 
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should have a smooth machined surface on 
the interior as well as the exterior in order 
to reduce initial unbalance to a minimum as 
well as prevent the build-up of local points 
of stress concentration in surface irregular
ities on the inside of the shaft. 

In designing drive shafts, the bending 
stress due to the weight of the shaft, the 
maximum torsional stress due to the torque 
being transmitted, the thrust from the com
pressor rotor, and any dynamic stress which 
may be induced by torsional vibration in the 
drive system are usually calculated individ
ually, and then combined to give the points 
of maximum stress in the shaft. An effort 
should be made not to locate the flange 
couplings at these points of maximum stress. 
This is especially desirable since the fillets 
in the couplings act as " s t r e s s - r i s e r s " and 
result in local increase in normal s t ress . 
In cases where it is necessary to locate a 
fixed coupling at a point of high bending 
stress, the local stresses in the coupling 
itself may be reduced by making the coupling 
flanges sufficiently thin to permit local de
flections. 

The dynamic s tress in the shaft may be 
calculated from the following equations: 

Mf • ^G* tp 
(9) 

Mfd 
'max 2 If 

(10) 

where 

Mf - torque applied to shaft 

<P = angle of twist 

Ip • polar moment of inertia 

d = diameter of shaft 

rmox • maximum shearing s t ress . 

The angle of twist in a shaft due to tor
sional vibration is obtained from torsional 
vibration calculations which are discussed 
below. If these dynamic stresses due to 
torsional vibration are superimposed on the 
maximum steady state torsional s tress, and 
allowance made for the fatigue character
istics of the shaft material, the factor of 
safety usually used in drive shaft design 
may be considerably reduced. 

In designing a drive shaft installation, it 
is usually desirable to calculate the deflec
tion curve of the shaft on its multiple supports 
and adjust the height of each individual bear
ing support to prevent an undue increase in 
bending stress at all points of the shafting. 
In such designs the center line of the shaft 
does not always coincide at all points with 
the center line of the wind tunnel duct. 

One ofthe alignment problems encountered 
in the design of large wind tunnel drives 
concerns the proper clearance between the 
tip of the compressor rotor blades and the 
inside wall of the compressor casing when 
the compressor casing is mounted on a dif
ferent support structure from that of the 
bearing supports. This alignment problem 
due to unequal expansion in the two support 
structures has been solved in one case by 
circulating water through the hollow bearing 
support struts. The temperature of this 
water may be controlled by a thermostatic 
valve actuated by limit switches or other 
instrumentation measuring the clearance be
tween compressor rotor blade tip and tunnel 
walls, or between the stationary fairing on 
the compressor bearings and the fairing on 
the compressor rotor. 

If the operating temperature gradients are 
known, materials having different coefficients 
of expansion may also be used to alleviate 
this problem. 

In high-speed drives, the shaft material 
used is usually a high-strength alloy steel 
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having yield strength and fatigue character
istics carefully matched to the requirements 
of the installation. 

After a drive has been installed and 
aligned, the actual bending stress at various 
points along the shaft may be obtained by 
measuring the variation in stress with strain 
gages located at these points while the shaft 
is slowly rotated through 90degrees changing 
the position of the strain gage from a hori
zontal to the lower vertical location. This 
method is especially valuable in the case of 
drives where the various bearing support 
structures are subjected to substantial varia
tions in temperature during operation. 

(b) Shaft Couplings 

Various types of couplings, such as flange, 
flexible, engaging and disengaging jaw-type, 
hydraulic, electric, etc., have been used in 
wind tunnel drives. The flange type coupling 
may have either rigid or flexible flanges 
as discussed above. Flexible couplings are 
usually used to compensate for variations 
in shaft alignment or axial movement. When 
using flexible couplings in a drive, care 
should be taken to determine their effect on 
the critical or whipping speed of the shafts 
and on the torsional vibration characteristics 
of the drive system. When flexible couplings 
are used in a drive subjected to torsional 
vibration, it is usually desirable to locate 
them at points of minimum dynamic stress, 
i.e., away from the torsional "nodal" points 
that are points of maximum stress. 

Hydraulic or electric couplings are us
ually used in a drive when it is desired to 
obtain variation in speed between the com
pressor and the power source (see Section 
V). The use of these couplings has been 
limited to some extent by their cost, internal 
power losses, and power transmitting ca
pacity. 

(c) Bearings 

Various types of bearings, such as ball, 
roller, sleeve, segmental, thrust, etc., have 
been used in wind tunnel drives. In the 
smaller and medium size drives, ball and 
roller-type bearings are frequently used. 
In the larger installations, large sleeve-type 
bearings are usually used although one Or 
two of the larger installations employ roller 
bearings of special design. In some of the 
larger installations, sleeve bearings are of 
a self-aligning type and are provided with 
high temperature and oil flow alarms. 

As a general guide in the design of sleeve-
type bearings for wind tunnel drives, Ref. 5 
can be used; it gives the permissible bearing 
loads applicable to this type of bearing. In 
the larger installations where high bearing 
loads are used, as well as in some high
speed installations, the shaft journal is 
lifted in the bearing during starting by in
troducing high pressure oil in the bottom 
of the bearing shell to reduce the breakaway 
torque to a minimum and eliminate the pos
sibility of scoring. 

In some of the larger installations, it is 
necessary to make provisions for both heat
ing and cooling of the lubricating oil and 
also for the removal of oil vapors to prevent 
contamination of the air in the wind tunnel. 
In some of these installations, it has been 
necessary to seal each bearing with pressure-
type labyrinths and remove oil vapor from 
the inside of the bearing housing with small 
scavenging pumps in order to maintain a 
small inflow of tunnel air into the bearing 
housing thereby eliminating the possibility 
of this vapor entering the tunnel. 

In some of the larger multi-stage com
pressor installations, where various stages 
are grouped in separate "shel ls" as in the 
Propulsion Wind Tunnel compressor shown in 
Fig. IX-1, it has been found that pressure 
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differentials across these stages are suf
ficient to cause a serious "back-flow" in the 
return oil line of the upstream bearing. In 
one large installation, this difficulty was 
eliminated by the use of individual, com
pletely independent oil systems in the base 
of each large bearing housing. In some of 
the other large installations, the difficulties 
due to pressure differentials between the 
bearings on the upstream (low-pressure) 
side and the downstream (high-pressure) 
side of the compressor are overcome by 
connecting the inside of the upstream bear
ing housing through the hollow bearing sup
port struts with the compressor discharge. 

In addition to the various types of bearings 
used to support the drive shaft load, the 
axial thrust of the compressor rotor has to 
be transmitted through thrust bearings to 
the bearing support structure. In large 
installations these thrust bearings are fre
quently combined with the journal bearing at 
one end of the compressor rotor. In other 
installations the thrust is transmitted through 
the drive shaft to a thrust bearing located 
outside the wind tunnel duct near the driving 
unit. 

The thrust bearings in the smaller in
stallations are usually of the ball or roller 
type while in the larger installations they 
are usually of the tilting shoe type and are 
designed to take thrust in either direction, 
since the airflow in the tunnel will impose 
a reverse thrust on the compressor if the 
electric drive motors are suddenly discon
nected from the line during an emergency. 

The compressor rotor thrust in some of 
the larger installations is eliminated by 
sealing, with labyrinths, the upstream rotor 
nacelle fairing against the local external 
tunnel air and introducing into it high pres
sure air from the discharge end of the 
compressor. 

(d) Bearing Support Structures 

In the design of bearing support structures, 
it is not only necessary to provide for sup
port of the bearing loads but to consider the 
aerodynamic effects of that portion of the 
structure. An aerodynamic fairing is fre
quently placed around the supports to mini
mize disturbances in the airflow. In some 
installations it has also been found necessary 
to design these fairings in such a way that 
their "flutter-speed" is above the local 
airspeed in order to eliminate constantly 
recurring structural failures in them. 

In the larger drive installations, the 
bearing support structures are usually hollow 
and contain lubricating oil pipes, electric 
leads, etc., leading from the outside of the 
tunnel to the bearing housings. 

It has been found that the stiffness or 
"spr ing-ra te" of the bearing support struc
tures has a large effect on the magnitude of 
the critical or whipping speed of the drive 
shaft, which is discussed in Section X. In 
the majority of design studies, it is found 
that the horizontal stiffness is usually lower 
than that in the vertical plane, i.e., if the 
stiffness of the bearing support structure is 
plotted as a function of shaft rotational angle 
a curve in the form of an ellipse is obtained 
having its major and minor axis in the hori
zontal and vertical plane, respectively. 
Therefore, in calculating the critical or whip
ping speed of drive shafts on multiple bearinj 
supports, the horizontal spring rate is us
ually used. 

(e) Gears 

Gears are sometimes used in the smaller 
and medium size drive installations to obtain 
either an increase or a decrease in speed 
between the power source and the compres
sor. In supersonic tunnels gears are also 
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used at times to drive a high-speed com
pressor rotor from a lower speed electric 
motor. In some of the larget installations, 
gears are employed to match the speed of 
the wound rotor starting motor with the 
speed of the main synchronous drive motor. 
In most of these gear installations, a double 
herringbone type of gearing is used, since 
this type of gear does not develop a side 
thrust and also transmits a large torque 
compared to its physical size. Thrusts from 
either the compressor rotor or source of 
power should be absorbed by an appropriate 
thrust bearing and not transmitted to the 
gears, since it is ver" difficult to design 
either high-speed or high capacity gearing 
that is subjected to large amounts of ex
ternal thrust. 

In some high-speed drive installations 
where the gear foundations and the adjacent 
bearing support structures are subjected to 
different temperature gradients during op
eration, it is frequently necessary to connect 
the drive shafts to the gear set through 
flexible couplings or quill-shafts having suf
ficient flexibility. In general, the use of 
gears in a drive system should be avoided 
since they are expensive and require fairly 
constant supervision and maintenance. 

(f) Axial Flow Compressors 

The construction of large transonic and 
supersonic tunnels requiring axial flow com
pressors of large dimensions has opened up 
a new field of rotating machine design, since 
a considerable portion of the design practices 
used in the past is not applicable to these 
large machines. 

One of the more significant innovations in 
this field is the use of design criteria based 
on plastic stability instead of static stability 
as in the past. In this new method local 
plastic deformations are permitted as they 

result in a redistribution of the load in such 
a way that the loading of a greater number 
of the material fibers is increased. The 
use of elastic stability criteria in the design 
of highly stressed compressor rotor parts 
is especially valuable when dealing with high 
discharge temperatures and temperature 
gradients in the final stages of a compressor. 
A short discussion of the use of plastic 
stability or the "creep" characteristics of 
materials at elevated temperatures is con
tained in Ref. 33. 

Figs. IX-2 and IX-3 are taken from 
this reference. In Fig. IX-2 the usual 
design stress, yield strength, and ultimate 
strength are plotted as a function of tem
perature for the lower temperatures. Also 
plotted in this curve are creep character
istics indicating the amount of creep that 
may be expected in 100,000 hours at various 
stress and temperature levels. Another 
factor influencing the plastic stability char
acteristics of a structure is that of fatigue. 
In Fig. IX-3 the effect of temperature on 
the S-N curve, (strain versus number of 
load cycles) is shown. From this it is seen 
how the fatigue strength of the material is 
reduced at elevated temperatures. 

The design criteria given below repre
sent a compilation of data used in various 
medium and large-size compressor anddrive 
installations. It is recognized that such a 
compilation cannot be all-encompassing and 
consequently an attempt has been made to 
cover a large number of the major design 
problems which have been encountered in 
practice. For the sake of clarity, each 
component of the axial flow compressor is 
discussed separately. 

(1) Rotor Structure 

The rotor structure of axial flow com
pressors has evolved on the one hand from 
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that of airplane propeller blades mounted on 
a shaft as shown in Fig. IX-4, and, on the 
other hand, from that of an impulse steam 
turbine stage as shown in Fig. IX-5, to that 
of the multiple-stage compressor rotor shown 
in Fig. IX-6. " F a n s " or compressors for 
some of the first medium size tunnel instal
lations consisted of airplane propellers 
mounted on a drive shaft. 

In some installations there were three 
or more of these blades per stage supported 
in either regular aircraft propeller hubs or 
usually on the outer rim of a fabricated 
structure, as shown in Fig. IX-4. In this 
type of installation the data used in designing 
airplane propellers was used in the majority 
of cases. These wind tunnel "fans" usually 
had a very small hub ratio, i.e., the length 
of the propeller blade was usually greater 
than the diameter of the hub on which it 
was mounted. Several structural failures in 
fang of this type indicated that the vibrational 
and stress problems encountered in wind 
tunnel service were different from those 
encountered on aircraft. 

The other type of wind tunnel compressor 
rotor design utilizing enlarged impulse type 
steam turbine stages consisted of forged 
discs shrunk on a central shaft with short 
steam turbine type blading attached to its 
outer periphery. This type of design had a 
rather small hub ratio, as the length of the 
steam turbine type blade was rather small 
in comparison to the diameter of the sup
porting disc. 

Various types of rotor structure are now 
being used in axial flow compressors. They 
vary from the hollow drum type of forged 
rotor structure consisting of a hollow cylin
drical section bolted to stub-shafts with 
"end-bells" with the blading mounted in 
machined grooves as shown in Fig. IX-7, 
to the lightweight fabricated type of hollow 
rotor structure used in the Modane Tunnel 

in France (Fig. IX-8). Between these ex
tremes lies the multiple disc assembly shown 
in Fig. IX-6 which consists of solid discs 
held together with through bolts through 
end-bells and separated by cylindrical 
spacers. 

In some designs these blade supporting 
discs are shrunk and keyed on the main 
drive shaft, as shown in Fig. IX-9. In other 
rotor designs, a hollow blade has been 
mounted on a solid base which in turn was 
attached to either supporting discs or the 
outer periphery of a hollow fabricated rotor 
structure. Another variant of the hollow 
rotor structure consists of an outer forged 
rim on which the blades are mounted with 
the blade shank or root projecting through 
to a smaller inner guiding ring. In this 
type of structure a control linkage may be 
incorporated in the inner portion of this 
hollow rotor to vary the pitch of the rotor 
blades during operation. 

A rotor design of this type is being used 
in the high-speed tunnel of the NLL in Am
sterdam, Holland (Ref. 34). The rotor struc
ture used in the Modane Tunnel, as shown 
in Fig. IX-8, is also similar to this except 
the blade pitch-changing mechanism is man
ually operated when the drive system is 
stationary. 

A further variation of the hollow rotor 
structure with an outer forged rim carrying 
the major portion of the blade loading is 
shown in Fig. IX-10, in which laminated 
wood blades are bolted to the outer periphery 
of the forged rim. These blades are rigidly 
held against this rim at maximum speed by 
preloading the blade mounting bolts with 
"ring-springs" or "Belleville" washers. 
Because of its size this type of rotor struc
ture permits only the installation of one or 
two stages between each set of drive shaft 
bearings while maintaining the critical speed 
of the rotor assembly above the maximum 

32 



operating speed of the dr ive. Thus, in com
pres so r installations requiring more than 
two stages, the length of the compressor 
becomes excessive and considerable diffi
culty is experienced with bearing and shaft 
alignment problems. 

One of the main factors limiting the s ize 
and rotational speed of axial flow compres 
s o r s is the operating s t r e s s e s in the ro tor 
and blades. 

In the rotor s t ruc ture these loads a r e 
caused by the centrifugal force on the blades 
and the rotor s t ruc ture itself, and aerody
namic loads on the blades. In transonic and 
supersonic tunnels the magnitude of these 
rotor s t r e s s e s is further increased by radial 
temperature gradients ac ross the rotor 
s t ructure and is limited by permiss ible 
s t r e s s levels at elevated compressor d i s 
charge tempera tures . 

The s t r e s s in an individual disc of a rotor 
s t ructure due to centrifugal loads, such as that 
shown in Fig. IX-6, is usually calculated by 
variations of the iteration method first given 
by Stodola (Ref. 35). The presence of radial 
temperature gradients and thickness var ia 
tions of the disc introduce ra ther ser ious 
complications into the calculation of disc 
s t r e s s e s when using the original Stodola 
method. Consequently, the NACA (Ref. 36), 
has developed a method of solving the dif
ferential equations of s t r e s s which is e s sen 
tially a finite-difference solution. This 
method takes into account variations in disc 
thickness, elastic modulus, Poisson 's ra t io , 
and coefficient of thermal expansion as a 
function of radius . In addition, it will also 
take into account induced s t r e s s e s due to 
shrink fitting and welding of the component 
pa r t s . For the convenience of the reader , 
the basic s t r e s s equations given in Ref. 6 
a r e reproduced in the following. 

The radial and tangential s t r e s s at any 

point in a disc may be obtained by solving 
the equilibrium equation: 

(11) 

*^r(rho-r) - h<rt + /oai2hr2** 0 

where 

h = axial thickness of disc, (in.) 

r • radial distance, (in.) 

P = mass density of disc mater ia l , 
(lb) ( sec 2 ) / in . 4 ) 

<rr- radial s t r e s s , (Ib/sq in.) 

o-t= tangential s t r e s s , (Ib/sq in.) 

«J - angular velocity of disc, 
( radians /sec) 

and the s t r e s s - s t r a i n equation: 

(12) 

where 

E = elast ic modulus of disc mater ia l , 
(Ib/sq in.) 

a = coefficient of thermal expansion be
tween actual temperature and tem
pera ture at which there is ze ro 
thermal s t r e s s , (in./(in.) (°F)) 

AT • temperature increment above that at 
which there is ze ro thermal s t r e s s , 
and 

P-- Poisson 's ra t io . 

The two above differential equations, (11) 
and (12), a re most easily solved by the 
method of finite-differences. 
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The presence of temperature gradients in 
a rotor disc, which already has certain of 
its parts stressed beyond the elastic limit, 
produces an interaction between plastic flow 
and creep which must be taken into account 
in the design of most transonic and super
sonic compressors having high discharge 
temperatures. 

As an illustration of the effects of tem
perature gradients ina rotor disc, Fig. IX-11, 
taken from Ref. 36 shows the temperature 
gradient in a gas turbine rotor disc. The 
resultant tangential and radial s tress in the 
rotor disc caused by this temperature gra
dient is shown in Fig. IX-12. It appears 
from this figure that the tangential stress 
in the outer portions of the disc is a com
pressive stress which is higher than the 
tensile stress near the center of the disc. 
Consequently temperature gradients have a 
very great effect on rotor disc stresses. 

When the central portion of a rotor disc 
is shielded by circular spacers, as shown 
in Fig. IX-6, from the high temperature 
discharge air, a rather sharp discontinuity 
in the temperature gradient between the 
outer portions of the disc exposed to this 
high temperature discharge air and the 
shielded inner portions of the disc may 
occur. When this type of rotor structure 
is used, every effort should be made to keep 
temperature gradients across the discs to a 
minimum. Some information on the tempera
ture distribution in a compressor disc after 
a sudden rise in the airstream temperature 
is contained in a Westinghouse Electric 
Corporation Report to the United States Air 
Force (Ref. 37). In this work it was found 
that circular spacers between the disc shown 
in Fig. IX-6 were responsible for sharp 
temperature gradients between the outer and 
inner portions of the disc. 

In Ref. 38 a method is given for evaluating 
the effects of plastic flow and creep on the 

stress distribution in a rotor disc. With 
this method it is possible to take into account 
the effects of various temperature gradients 
across the disc and the effects of continued 
plastic flow and creep in the material. The 
differential equation for equilibrium is the 
same as that given in the above Eq. (11). 
By including the expression A for plastic 
flow and the expression 8 for creep, the 
stress-strain equation becomes: 

d T f r ' t - ^ r + ^ T + A t + S t ) 

I +P-
Er ( " V - ^ 

, V A t , Sr-Sf 

(13) 

This equation in combination with Eq. (11) 
may also be solved by the method of finite-
differences. Experience has shown that the 
solution of the above sets of differential 
equations will give the radial and tangential 
stresses at any point in a compressor rotor 
disc regardless of whether these stresses 
are in the elastic range or go beyond the 
proportional elastic limit into the plastic 
range and whether or not they are also sub
jected to creep. 

A method of determining the internal 
stresses in compressor rotor discs by meas
uring the temperature distribution over the 
disc is given in Ref. 39. 

In the type of rotor design in which the 
blades are pinned to the outer periphery of 
the rotor disc, as shown in Fig. IX-15, it 
becomes quite difficult to obtain the local 
stress patterns in the vicinity of these blade 
fastenings analytically. An example of this 
is given in Fig. IX-13 in which a cutaway 
view of a blade root is shown mounted on a 
segment of the rotor disc. In this figure it 
is seen that the region of the rotor disc 
between the blade mounting pin and the outer 
periphery is subjected to additional stresses 
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caused by the loading induced by the blade 
mounting pins. 

The local s t r e s s e s in this cr i t ical region 
can be determined with the aid of photo
elast ic models (described in Section XI), 
provided these s t r e s s e s a r e within the elast ic 
range. The resu l t s of a photoelastic an
alysis of such a problem a re shown in Fig. 
IX-14. In this figure the upper central por
tion of the model is curved, simulating a 
portion of the outer periphery of the rotor 
disc. The three holes below this curved 
portion represent the holes for the blade-
mounting pins. By correct ly designing and 
loading this photoelastic model, the inter
ference fringes between these blade-mounting 
pins and the outer curved periphery of the 
rotor disc give the s t r e s s pat terns which 
a re the combination of the radial and tangen
tial s t r e s s e s with those produced by the 
local action of the loads from the blade-
mounting pins. 

Another useful resul t obtained from this 
photoelastic analysis is that the rat io be
tween the s t r e s s e s on the outer periphery 
of the disc and those in the disc adjacent 
to the blade-mounting pins can be obtained. 
On the basis of this information it is then 
possible to mount wire s t rain gages imme
diately above the blade-retaining pins on the 
outer periphery of the disc and monitor the 
internal s t r e s s e s in the disc in this cr i t ical 
a rea during operation of the compressor . 

This type of s t ra in gage installation is 
very valuable since it not only gives an 
accurate check on the cr i t ical s t r e s s e s during 
initial operation of the compressor , but will 
a lso reveal any tendency of plastic flow and 
creep to continue beyond the initial s t r e s s 
redistribution occurring when the compres 
sor is operated at full speed for the first 
t ime. 

This method of s t ra in gage instrumenta
tion is one of the most effective safeguards 

that can be used to insure the safety of a 
compressor rotor in which certain limited 
portions of the s t ructure a r e subject to 
plastic deformation and creep. If under 
steady state conditions, s t rain gage readings 
continue to increase as a function of t ime, 
it is an indication that this cr i t ical portion 
of the rotor is not plastically stable and 
will eventually fail. 

(2) Blades 

In addition to the rotor s t ructure itself, 
the ro tor blades a r e also subjected to high 
s t r e s s levels which, in a number of cases , 
have been the cause of compressor failure. 

The three main types of rotor blades used 
at the present time a r e the solid metal , 
hollow fabricated metal , and laminated wood. 
The solid type of blade is usually made by 
contour milling billets of high-strength alloy 
steel or aluminum alloy. These contour 
milling machines give very accurate dimen
sional control by using a mas te r blade. 
Various types of s t ructural designs have been 
used for hollow fabricated blades. 

One of the most successful has been the 
hollow central spar and r ib design, as used 
in the compressor of the Modane Tunnel in 
France and shown in Fig. IX-16. Solid 
laminated wood blades have been used quite 
successfully in subsonic tunnels both in 
Europe and the United States. One of the 
limiting factors in the use of laminated wood 
blades is the discharge temperature of the 
compressor . It has been found difficult to 
keep these blades from cracking and spli t 
ting at tempera tures above 250° F . 

The regions of high s t r e s s in a rotor blade 
a r e usually at the root of the blade and in 
the blade fastening. The major portion of 
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the s t ress in both of these critical areas is 
caused by centrifugal force, with the aero
dynamic lift and drag on the blade contrib
uting usually only a small pan . Various 
methods of blade fastening are used. They 
include preloaded bolts used with wood blades, 
as shown in Fig. IX-10, pins as shown in 
Fig. IX-13, aircraft propeller hub assem
blies shown in Fig. IX-4, and curved milled 
slots in the rotor disc with mating insert 
shapes on the end of the blade, as used in 
the 8 ft. by 8 ft. high-speed tunnel of the 
NAE in Bedford, as well as various others. 

The use of hollow fabricated blades us
ually materially reduces the s tress due to 
centrifugal loading. At times, difficulties 
have been experienced with stress concen
trations in these hollow fabricated blade 
structures, but if sufficient design and model 
studies are conducted, there is no reason 
why hollow fabricated compressor rotor 
blades cannot be made as serviceable as 
solid ones. This is illustrated in the case 
of aircraft propellers where the majority 
of those used at the present time have a 
hollow fabricated structure. 

In hollow blades, the blade part itself is 
usually made of a hollow fabricated structure 
and joined to a solid root or base section 
which, in turn, is attached to the compressor 
rotor. The point of juncture between the 
blade proper and ils base section is usually 
in a region of high stress and the structural 
discontinuity existing at that point will in
herently give rise to fatigue and structural 
failure problems. Photoelastic models and 
models using strain gage equipment may be 
used to study the stress patterns in any 
given design before extensive fabrication 
work of the full scale blade is initiated. 

Model studies Can also be conducted very 
profitably on solid blades and their root 
structure. A model of this type is shown 

in Fig. IX-17 where the root and blade 
attachment section of a solid blade and a 
segment of the rotor disc structure have 
been made to scale. By applying scaled 
tensile loads and bending moments to this 
assembly, the magnitudes and patterns ofthe 
resultant stresses are accurately repro
duced. 

In the initial part of these studies, the 
areas being studied may be coated with 
"s t ress-coat ," as shown in Fig. IX-15, to 
give an indication of the pattern of the 
stresses in the external surfaces. Once 
the pattern and direction of these stresses 
have been determined, small wire strain 
gages may then be used to evaluate the 
magnitude of these stresses as shown in 
Fig. IX-18. Plastic deformation occurring 
during overload of such a model is shown 
in Fig. IX-19. 

The pattern of the internal stresses in 
critical regions of the blades may be ob
tained by the use of either two or three-
dimensional photoelastic models. A two-
dimensional model of this type, showing the 
pattern and magnitude of stress concentra
tions in the blade root around the pins used 
to mount the blade to the rotor disc, is 
shown in Fig. IX-20. Patterns of three-
dimensional stress in critical regions of 
the blade may be obtained by using the 
method of photoelastic stress analysis out
lined in Ref. 40. 

Strain gage instrumentation should also 
be used to observe the stress in the most 
critical portions of the full scale blade as 
the compressor is brought up to speed and 
load for the first time. If the compressor 
discharge temperature is below 300°, normal 
strain gage techniques may usually be em
ployed. However, if the discharge tempera
ture is considerably in excess of this value, 
high temperature strain gage techniques are 
required (Ref. 41). 
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A very complete study on the stress con
centrations in the root of an aircraft pro
peller used in a wind tunnel fan is given in 
Ref. 42. In this work, laboratory tests were 
conducted on a full scale blade using wire 
strain gages to determine the values of local 
s tress. In addition, photoelastic models were 
also made to determine the internal stress 
at the critical region in the blade fastening. 
From these data the maximum stress in a 
blade root was calculated. Fig. IX-21, taken 
from this reference, gives the ratio of the 
maximum local stress to the local distributed 
stress for various ratios of blade thickness 
to fillet radius. From this curve it is seen 
how the magnitude of the maximum local 
stress in a fillet decreases with an increase 
in fillet radius. 

The analysis of data obtained from the 
various model programs outlined above has 
indicated that hollow fabricated blades and 
rotor structure will be required in compres
sors exceeding in size those being built at 
the present time. A photograph of one in
stallation having hollow blades and a fabri
cated rotor structure is that of the Modane 
Tunnel shown in Fig. IX-22. 

The design of compressor stator blades 
is largely dictated by the aerodynamic char-
acterisitcs of the compressor and the type 
of structure used in the compressor casing. 
In some of the compressors equipped with 
variable stators a round shank is machined 
on the outer end of the stator blade and is 
mounted in a suitable bearing support struc
ture. The external ends of these shanks 
are usually connected to a linkage which 
may be either manually set or remotely 
controlled with electric motors to give any 
desired angular setting. In other installations 
the stator blades are rigidly mounted to the 
inside of the compressor casing. 

The root of the stator blades may either 

be free or restrained by shrouding segments. 
In some installations these shrouding seg
ments help to control stator blade vibrations 
and in addition carry sealing strips to r e 
duce leakage across the stator stage to a 
minimum. 

In some of the larger installations the 
stator blades have been made of cast steel 
with the final contour being obtained by hand 
grinding, and then checked with contour 
templates. The stress level in stators is 
usually very much lower than that in rotor 
blades. 

(g) Centrifugal Compressors 

The major stress problems in centrifugal 
compressors are usually those associated 
with the impellers. In centrifugal compres
sors impellers are either made from a steel 
casting with the blades cast in place, or are 
fabricated structures with the blades and 
blade cover either welded or riveted to the 
central disc structure. In Ref. 43 a general 
method is given for analyzing the stresses 
in centrifugal impellers. The method essen
tially consists of a sum and difference method 
of calculating stresses in a rotating disc 
with the blade loads superimposed on the 
cover and disc calculations by a method of 
balancing forces and deformations. This 
method gives the average stresses in the 
centrifugal impeller but does not take into 
account stress concentrations existing at the 
junction between the blades and the disc, 
between the blades and the center hub, and 
between the blades and blade cover. 

A centrifugal compressor impeller offers 
an excellent example of the possibilities of 
stress redistribution in a complex highly-
loaded structure, since local yielding usually 
occurs at points of high stress concentration 
with a resultant redistribution of the stresses 
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which a r e then usually of an acceptable value. 
Fabricated centrifugal impel le rs , especially 
of welded construction, offer excellent pos
sibi l i t ies for s t ra in gage s tudies . 

X. VIBRATION PROBLEMS IN WIND 
TUNNEL COMPRESSORS 
AND THEIR DRIVES 

Vibration problems constitute one of the 
major fields of study in the mechanical 
design of wind tunnel compres so r s and their 
d r ives . Investigations of mechanical fai lures 
have often indicated that the addition of 
dynamic s t r e s s e s to steady or stat ic s t r e s s e s 
has frequently been the cause of failure of 
a component part result ing in destruction 
of the compresso r or its dr ive . Continued 
plastic deformation and fatigue a r e usually 
the resul t of dynamic s t r e s s e s . The physical 
phenomena inducing high dynamic s t r e s s in 
a component p a n a r e frequently re fer red to 
a s i ts vibration cha rac te r i s t i c s , since dy
namic s t r e s s e s a r e usually direct ly propor
tional to the vibratory amplitude of the par t . 

Vibration and its effect on the component 
par t s may be broken down into la teral v i 
bration, torsional vibration, coupled modes 
of lateral and torsional vibration, and fatigue 
problems. 

The vibration problems that a r e typical of 
wind tunnel compres so r s and their dr ives 
will be discussed under the four above head
ings. 

(a) Latera l Vibrations 

Some of the major la teral vibration prob
lems encountered in the design of wind tunnel 
compres so r s and their dr ives a r e those of 
cr i t ical speeds (somet imes re fer red to as 
"whipping" speeds) of drive shafts and com
p r e s s o r ro to r s , la tera l vibration of com
p r e s s o r ro tor and s ta tor blades and their 

supporting s t ruc ture , bearing support s t ru t s , 
and vibration in the wind tunnel duct s t r u c 
ture adjacent to the compressor casing. 

(1) Drive Shafts and Compressor 
Rotors 

The cr i t ica l speed of a drive shaft may 
be defined as the angular speed of the shaft 
in rpm which coincides with one of the natural 
frequencies of the shaft in cps . When the 
rotational speed of the drive approaches the 
natural lateral frequency of one of the shaft 
spans , a violent vibration is usually set up 
in the bearings and their support s t ruc ture 
caused by the shaft tending to rotate as a 
" l o o p " in space, in an elliptic orbit , in t ro
ducing very high vibratory loads on the 
bearings and bending s t r e s s e s in the shaft 
itself. This condition usually exis ts only 
for a short period of t ime until ei ther the 
shaft or bearing support s t ruc ture fails. 

The ra t io of the minor and major axes 
of the elliptical rotary motion of the shaft 
is determined by the rat io of the vert ical 
and horizontal spring ra te or stiffness of the 
bearing and its support s t ruc ture . Numerous 
compres so r drive failures have been caused 
by the rotational speed approaching the first 
mode lateral vibration of the dr ive shaft. 
In dr ive installations where the drive shaft 
is supported on several bearings, the lateral 
vibration charac te r i s t i c s of the shaft may be 
t reated as a beam on multiple supports where 
the vibration charac te r i s t i cs of any individual 
span of shafting is coupled with that of the 
adjacent spans on each side and with the 
vibration charac te r i s t i c s of the bearing sup
port s t ruc tu re , 

A typical drive shaft installation is shown 
schematically in Fig. X - l in which the spring 
ra te of the bearing support s t ru t s is r ep 
resented by spring e lements . Vibration tes ts 
on dr ive shaft installations have shown that 
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each span of shafting usually has two resonant 
frequencies caused by coupling between the 
span under test and either one of the adja
cent spans when these adjacent spans have 
an unequal length or distributed mass and 
stiffness ra t ios . This coupling action with 
adjacent spans resulting in two resonant 
frequencies of each span of shafting has been 
verified by carefully conducted tes ts on 
various drive installations and on vibration 
model tests in the laboratory. 

The frequencies of the coupled vibratory 
system may be found by use of the electronic 
differential analyzer described in Ref. 51 . 
This vibration problem has also been solved 
by the use of electronic analog computers 
as described in Ref. 52. The equations and 
data contained in Ref. 52 a r e especially 
valuable, since they give the solution for the 
natural modes of vibration of continuous 
beams and include tables of character is t ic 
numbers for the solution of these equations 
for various shaft configurations and con
s t ra in ts . This reference also descr ibes 
methods for the solution of complex beam 
vibrations with electronic analog computers . 

An excellent study of the effect of founda
tion stiffness on the resonant frequency of 
rotating machines is contained in Ref. 53. 
In this reference, nonrotating vibration 
models of AC genera tors were constructed 
and mounted on variable stiffness supports 
in order to study their cr i t ical speed cha r 
ac te r i s t ics . When computing the vibration 
character is t ics of such a coupled sys tem, 
it has been found very desirable to construct 
nonrotating vibration models of the drive and 
compare their various resonant frequencies 
against those obtained from electronic com
puters . A vibration model of a 216,000-
horsepower compressor drive is shown un
dergoing vibration tes ts conducted by the 
Westinghouse Electr ic Corporation in Fig. 
X-2. The description of this model and test 
instrumentation is contained in Section XI 
under (b) Vibration Models. 

A part icular advantage in determining the 
vibration charac ter i s t ics of drive shafts with 
with the aid of models is that the effect of 
bearing support stiffness on the cri t ical 
speed may be studied over a wide range of 
both horizontal and vert ical spring ra tes 
and bearing locations. In accurately made 
models the effect of bearing clearance may 
also be determined. 

In axial flow compresso r s using stage 
bypass, as shown in Fig. 1X-1, the compres 
sor s tator s t ructure is also supported on 
the bearing support s t ru t s . A schematic 
diagram used in studying the cri t ical speed 
of this type of drive is shown in Fig. X-3 . 
The lateral modes in such a vibration model 
a re ra ther complex, since the compressor 
s ta tors may have either lateral or t r ans 
latory modes. The cr i t ical speed analysis 
of this type of drive is further complicated 
by the coupling between the tunnel bypass 
duct s t ructure and the s ta tor s t ruc tures of 
the compressor . 

When the stiffness of the bearing support 
s t ruc tures is neglected, the methods outlined 
in Refs. 44, 45, 50, 54, and 55 may be used 
in calculating the cr i t ical speed of the drive 
shaft and compressor ro to r s . In some com
pres so r rotor designs the bending stiffness 
or mass distribution was found to be un-
symmetr ical around the circumference of 
the shaft. In such cases the method outlined 
in Ref. 56 may be used to calculate the c r i t 
ical speed. 

For purposes of rapidly estimating the 
cr i t ical speed of a drive shaft having a 
uniform c ros s sectional a rea , neglecting 
the effect of bearing support s t ruc tu res , 
the following equation may be used: 

. K 

(14) 
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where 

L = length of shaft, in. 

F - c r i t ica l speed, rpm 

E • modulus of elast ici ty, lbs/in.2 

I • moment of inert ia, in.4 

W = wt/unit length, lbs/ in . length. 

The constant K rep resen t s the end con
ditions of the shafting at each bearing. For 
zero vibratory coupling between the adjacent 
spans, the constant K would approach that of 
a freely supported beam which is K = 1850. 
For maximum vibratory coupling with the 
adjacent spans, the value for this constant 
approaches K = 4200. When the cr i t ical 
speed of a span of uniform shafting is con
sidered, the above equation, used with both 
of these values of K, will give frequencies 
bracketing the actual value which must lie 
in this case somewhere between that of a 
freely supported beam and that of a beam 
fixed at the suppor ts . 

In pract ice , it has been found that the 
value of K var ies between 2900 for adjacent 
spans having the same c r o s s sectional cha r 
ac te r i s t i c s and approximately the same length 
as the span under consideration, to a value 
of 4000 for a long span of shafting with ad
jacent spans consisting of short , rigid shaft
ing such as compres so r r o to r s . F rom this 
it is seen that adjacent spans having the 
same length and c r o s s sectional cha rac t e r 
is t ics give a minimum end res t ra in t , while 
adjacent spans having a higher stiffness and 
m a s s distr ibution give a maximum end r e 
s t ra in t . 

Experience has indicated that in most 
axial flow compres so r and dr ive designs it 
is des i rab le to keep the cr i t ica l speed, o r 
frequency of f i r s t -mode lateral vibration. 

approximately 40 percent above the maxi 
mum operating speed. The re a r e a few 
large installations in which this safety margin 
has been reduced to 25 percent to30percen t . 
When using such small margins , ex t reme 
ca re should be exercised and the damping 
charac te r i s t i c s of the system determined in 
o rde r to keep the vibratory amplitude to an 
acceptable value at maximum speed. 

The cr i t ica l speed charac te r i s t i cs of cen
trifugal compresso r s a r e quite different from 
those of axial flow machines, especially when 
two or more centrifugal s tages a r e mounted 
between bearings on a shaft having ra ther 
low bending stiffness. The lowest cr i t ica l 
speed of most centrifugal c o m p r e s s o r s is 
usually below the maximum operating speed. 
Thus , each t ime one of these machines is 
s tar ted up o r shut down, it is necessary to 
go through this cr i t ica l speed. This is pos 
sible since the ro tor assembl ies a r e a c 
curately balanced and each rotor stage has a 
r a the r high m a s s and is connected by a s e g 
ment of shafting having a small m a s s and 
low bending stiffness. Thus, ongoing through 
the cr i t ica l speed, each centrifugal s tage 
tends to rotate about its own center of gravity 
with local bending in the connecting shaft 
segment accommodating any variation in 
center of gravity location between the var ious 
s tages . 

In large axial flow compressor and dr ive 
installations the lateral frequencies should 
be checked with vibration excitation and 
recording equipment before the drive sys tem 
is operated. In one installation this was 
accomplished by the use of the vibration 
equipment shown in Fig. X-4. The equipment 
shown in the center and lower right of this 
figure consis ts of a var iable-speed e lec t r ic 
dr ive for the mechanical vibrator shown 
mounted on the shaft. The vibrator is con
nected by a flexible shaft to the var iable-
speed e lec t r ic motor dr ive . To the right 
of this mechanical vibrator is mounted an 
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accelerometer whose output is fed into the 
AC bridges and carrier amplifier equipment 
shown in the left of the figure. The output 
of these carrier amplifiers is fed into a 
recording oscillograph shown on their im
mediate right. When checking the critical 
speed of this span of drive shaft, the speed 
of the electric motor drive is slowly varied 
until the frequency of the excitation from the 
mechanical vibrator coincides with the res
onance frequency of the shafting. This can 
be accurately obtained by observing the am
plitude of the galvanometer trace on the 
recording oscillograph. 

With this equipment it is possible to 
obtain the various resonant frequencies of 
the shafting in both the venical and hori
zontal planes and the relative amplitudes of 
the adjacent spans of shafting and their 
phase relation with the span under test. 
Since the accelerometer type of vibration 
pickup has very high sensitivity and will 
respond to zero cps, it may be mounted on 
bearing support struts and various parts of 
the tunnel duct structure and used to detect 
any vibratory coupling between various ro
tating parts of the drive system and adjacent 
structural components. For smaller high
speed drives, variable frequency electric 
vibrators may be used for exciting the various 
resonant frequencies of the drive shaft. 

(2) Vibrations of Rotor 
and Stator Blades 

Calculating the resonant frequencies of 
the various modes of lateral or bending 
vibration of rotor blades is rather difficult, 
since these blades are usually tapered in 
both plan and thickness, and are subjected 
to a stiffening action from centrifugal force. 
In addition, the restraint of their mounting 
may vary from that of airplane propeller-
type blades mounted on a rigid hub structure, 
as shown in Fig. IX-4, to that of heavy solid 

blades mounted on disc structures, as shown 
in Fig. IX-6. The type of blade mounting 
used, and the mass and stiffness character
istics of the blade and structure on which 
it is mounted, determine the vibratory cou
pling coefficients between these two bodies. 

Equations given on pages 210-214 in Rcf. 
50 may be used when calculating the resonant 
bending frequencies of a blade mounted on 
a rigid support structure with a minimum 
amount of vibratory coupling with its mount. 
The effect of blade twist and the ratio of 
blade width to thickness on the frequency of 
the bending modes in compressor blades is 
shown in Fig. X-5, which is taken from Ref. 
57. From this it is seen that there is also 
a coupling action between the bending modes 
about I minor and I major of the blade, and 
that this coupling is a function of the width/ 
thickness ratio and the angle of blade twist. 

When there is vibratory coupling between 
the bending and torsional modes in a blade, 
the method outlined on pages 239-246 of 
Ref. 50 may be used to obtain the resonant 
frequency of the various coupled modes of 
vibration. 

When vibratory coupling exists between 
the rotor blade and the structure on which 
it is mounted, such as that shown in Fig. 
IX-6, a rather complex form of vibration 
results. The effect of centrifugal stiffening, 
combined with the coupling action between 
a blade and the disc on which it is mounted, 
is shown in Fig. X-6, which was taken from 
Ref. 57. It is evident from this figure that 
the fifth, sixth, and seventh order harmonics 
of the tunnel can excite simultaneously one 
frequency in the compressor rotor blades 
and another frequency in the blade support 
discs. In such a design it is therefore de
sirable to keep blade frequencies and disc 
frequencies from being exact multiples in 
order to keep the vibratory coupling between 
the blade and discs at a minimum. This 
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vibratory coupling between blades and disc 
may also be reduced by de-tuning the various 
rotor blades, so that no two blades have 
exactly the same frequency. This can be 
accomplished by making slight variations 
in the mass or stiffness distribution of the 
blades. 

The venical location of the blade fre
quency curve and the horizontal portion of 
the disc frequency curve, as shown in Fig. 
X-6, may both be shifted to some extent by 
varying the radius and number of spacers 
between the various discs, as shown in Fig. 
IX-6. 

When designing large compressors in 
which there will be an appreciable amount 
of vibratory coupling between the rotor 
blades and their mounting structure, it Is 
very desirable to construct a rotating vibra
tion model as shown in Fig. X-7. When such 
a model is rotated at proper speeds, the 
centrifugal action of the full scale blades or 
mounting disc can be accurately duplicated. 
This method of blade vibration analysis by 
the use of rotating vibration models is a 
very important technique which has recently 
been used in the design of large axial flow 
wind tunnel compressors. The resultant 
theories and data obtained from this work 
may be applied to various types of fabricated 
rotor structures. 

After the frequency of the various bending 
modes of a compressor rotor blade has been 
obtained, the dynamic stresses in the blade, 
its mounting, and support structure should 
be determined as a function of the vibratory 
amplitude of the blade tip if there is any 
possibility of the blade being subjected to a 
strong excitation. In these calculations the 
work input into the blade is determined as 
a function of its tip vibratory amplitude. 
The work absorbed by internal damping in 
the blade and aerodynamic damping is also 
obtained in terms of the tip amplitude. From 

these three equations the resultant tip am
plitude of the blade can then be calculated 
and from it the dynamic stresses can be 
computed. This method is outlined in Ap
pendix II, which is taken from Ref. 58. 

Another method of solution for the am
plitude of blade tip vibration and resultant 
dynamic stresses in the blade has recently 
been published in Ref. 59. This work is, 
in some respects, quite similar to the an
alysis contained in Appendices I and II, 
which were originally published as United 
States Air Force Memorandum Reports in 
1940 and 1941 (Refs. 25 and 26), but it goes 
further by taking into account the effects of 
flutter, as described below. 

The major source of excitation of bending 
and torsional vibration in compressor rotor 
blades is of an aerodynamic nature. Except 
for flutter phenomena, this aerodynamic 
excitation usually results from a variation 
of the lift on the blade caused by a nonuniform 
velocity profile of the airflow entering the 
compressor. As stated in the section on 
torsional vibration of compressor rotor 
blades (Section X, b, 3), a harmonic analysis 
of this unsymmetrical flow may be carried 
out as shown in Fig. X-32. 

The excitation of bending modes by the 
harmonic components or rotational orders 
is shown in Fig. X-8. Serious blade excita
tion may result where the curve of blade 
frequency intersects the line corresponding 
to one of these rotational orders. As seen 
in this figure, the first bending mode of the 
blade intersects the second order of the 
tunnel near the maximum speed of the drive. 
This particular condition has caused the 
known destruction of two large wind tunnel 
compressors and probably that of several 
small ones. It is unfortunate that in most 
large wind tunnel compressor designs, the 
first bending mode of the blades has coin
cided with the second or third rotational 
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order of the drive at or near the maximum 
speed; the first mode bending of these blades 
should be kept above the third or fourth ro
tational order if at all possible. 

Ref. 60 shows very distinctly the effect 
of unsymmetrical airflow on the bending 
frequency of compressor rotor blades. In 
this study it was found that the unsymmet
rical airflow excited resonance in the first, 
fourth, fifth, seventh, and tenth stages of the 
ten-stage axial flow compressor, as shown 
in Fig. X-9, which is taken from this refer
ence. Here, it is seen that the vibratory 
stress induced in the first stage blades is 
approximately 90 percent greater than the 
steady state stress in the tenth stage. The 
variation in vibratory stress associated with 
fourth order vibrations in the fifth stage of 
this compressor is shown in Fig. X-10, 
which was also taken from Ref. 60. A peak 
vibratory stress of approximately 8700 psi 
is apparent in this figure. 

(3) Centrifugal Compressors 

In centrifugal compressors the predom
inant form of vibration usually encountered 
is lateral vibration in the runner or impeller 
structure. In some compressors the rotor 
is a single steel casting, while in others it 
is either a welded or a riveted structure 
and the calculation of the exact frequencies 
of flexural vibrations in these runners is 
rather difficult since they cannot be treated 
as pure circular discs. 

In practice, the best results so far have 
been obtained by first considering the runner 
as a pure circular disc and using the equa
tions given in Ref. 61 for obtaining the fre
quency of the various flexural modes. These 
equations may then be modified to take into 
account the local mass and stiffness distri
bution of the blades and blade cover. This 

new method of calculating the flexural vibra
tions outlined in the reference is an improve
ment over the classical (La Grange) theory, 
since it takes into account the coupling with 
thickness-shear vibrations. This is accom
plished by including rotary inertia and shear 
deformation terms in the vibration equations. 
According to a comparison of these two 
theories, differences between them become 
apparent at frequencies above that corre
sponding to the fundamental thickness-shear 
mode. 

As mentioned above, the first critical 
speed of centrifugal compressors is usually 
below the operating speed. Since the mass 
of each runner in a centrifugal compressor 
is quite large compared with that of the sec
tion of the drive shaft connecting adjacent 
runners and since the bending stiffness of 
this shaft section is quite low, the compres
sor rotor tends to rotate about the center 
of gravity of the runners instead of the geo
metric center of the shaft. By carefully 
balancing each runner, its center of gravity 
and the geometric center of the shaft may 
be made to coincide with sufficient accuracy 
so that the eccentricity of the shaft section 
at the first critical speed is quite small 
and will not destroy the gland sealing rings 
between the various stages. 

In some installations vibration difficulty 
has been encountered in the separators or 
guide vanes in the casing which have been 
excited by a cyclic variation of the discharge 
air from the runner or impeller. The fre
quency of this excitation is a function of the 
number of blades in the runner and its ro
tational speed. These vibration problems can 
usually be solved by changing the mass or 
stiffness distribution in these guide vanes so 
that the frequencies of their various resonant 
modes do not coincide with the frequency 
of the cyclic variation in the discharge air
flow (or multiples or submultiples of this 
excitation). 
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(4) Test Instrumentation 
and Techniques 

Before a new compressor is operated 
for the first time the frequency of its vari
ous vibratory modes should be carefully 
determined and compared with computed 
values. If any great discrepancy exists be
tween the two, a very careful review of the 
design calculations and testing techniques 
should be made, and the cause of the dis
crepancy established before the compressor 
is operated. 

A detail of the electric vibrator mounting 
and location of vibration pickups used in 
obtaining the static vibration characteristics 
of a wind tunnel compressor using wooden 
aircraft-type propeller blades is shown in 
Fig. X- l l . By locating vibration pickups on 
each side of the torsional elastic axis, as 
shown in this figure, the torsional resonant 
frequencies may be identified by comparing 
the phase between the output of the two pick
ups. It is often convenient to detach one of 
the pickups from the blade after this fre
quency has been determined and slowly move 
it chordwise across the blade at various 
radii to determine accurately the location of 
the torsional axis, since the output from the 
movable pickup will approach zero when the 
pickup is located on this torsional axis. The 
location of the nodal lines for the bending 
modes may also be located in a similar 
manner by attaching one vibration pickup to 
the blade and using it as a reference point 
and moving the other along the blade at 
various radii. 

The location of the nodal lines for the 
second mode symmetrical and unsymmetrical 
bending modes in an aircraft propeller-type 
compressor blade is shown in Fig. X-12. 
In compressors using steel blades, the vari
ous vibratory modes may be excited with an 
electromagnet supported adjacently to the 
blades and driven by a variable frequency 
oscillator through a power amplifier. 

The change in frequency and blade vibra
tory stress level associated with the various 
modes of vibration may be obtained during 
operation of the compressor by locating 
strain gages at various points on the blade. 
The mode of any particular vibration may 
be identified by comparing the phase rela
tionship between the strain gages at various 
known locations on the blade; e.g., when the 
output of all strain gages located near the 
leading and trailing edges of a blade, and 
at various radii are in phase, the vibration 
in the blade is obviously first mode bending. 
The use of strain gage techniques is es 
pecially valuable in analyzing the character
istics of new compressor rotor designs and 
blade fastenings, as one can obtain with them 
the peak values of stress concentration as 
well as the vibratory coupling action between 
the blade and its support structure. 

(b) Torsional Vibration 

(1) Compressor Drive Systems 

Experience has shown that the type of 
vibration to which wind tunnel drive systems 
are most subject is torsional vibration. 
There have been several known failures of 
large wind tunnel drives in which one of the 
major component parts suddenly failed as a 
result of torsional vibration. This type of 
vibration is of an insidious nature, since 
there is usually no external indication of its 
presence until a major failure occurs. Be
cause of this, it is highly desirable to instru
ment wind tunnel drive systems during their 
initial operation to detect the presence of 
any torsional vibration. Torsional vibrations 
may be excited in various ways. The three 
major sources of excitation are: electrical 
excitation in induction drive motors and 
disturbances in the electrical power dis
tribution system, such as switching and 
short-circuit transients; aerodynamic ex
citation such as surging or pulsating airflow. 
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or aerodynamic instability between two or 
more compressors; and gear tooth contacts 
in gears. 

The first of these major sources of tor
sional excitation occurring in the electrical 
system is the slip frequency in induction 
motors as shown in Fig. X-13. It is caused 
by unbalanced rotor currents. The unbalanced 
currents between the three phases are us
ually caused in wound rotor motors by var
iations in liquid rheostat resistance or faults 
in the rotor circuits. The slip frequency in 
induction motors acts as a variation in 
torque on the drive shaft. Since in each 
cycle of the electric slip frequency there 
are two changes in flux in the magnetic fields 
in the motor, two cycles of torque variation 
will be superimposed on the steady state 
torque in the drive shaft. 

When the frequency of this torque varia
tion coincides with the frequency of one of 
the torsional modes of the drive, serious 
torsional vibration may occur, as shown by 
the points of torsional excitation in Fig. 
X-13, especially if the operating speed is 
near one of these excitation points. This 
type of excitation has caused the known fail
ure of at least two large wind tunnel drives. 

If in the design of a wind tunnel drive it 
is found unavoidable to pass through one or 
more points of torsional excitation, one 
should calculate the amplitude of torsional 
vibration and torsional dynamic stresses in 
the various component parts of the drive 
system. It is possible to consider the drive 
as a simple mechanical system and to use 
the differential equations giving the torsional 
vibration characteristics of a multimass 
system, as given in Refs. 44, 45, and 46. 
The two volumes, Practical Solutions of 
Torsional Vibration Problems by Dr. W.Ker 
Wilson, listed in Refs. 28 and 29, represent 
the most complete treatment in any English 
publication of torsional vibration problems. 

The torsional vibration characteristics 
can be determined by treating the drive as 
a coupled electromechanical vibratory sys
tem in which the coupling between the me
chanical system and the electrical system, 
occurring in the magnetic field ofthe electric 
motors, is taken into account. This analysis 
of a coupled system may also be used in 
determining the torsional excitation from 
transients in the electrical system. A sche
matic diagram of an electromechanical tor
sional system is shown in Fig. X-14. This 
figure shows the coupling effect of the mag
netic fields in the motors between the me
chanical system and the electric power 
distribution system during start-up when 
induction motors are used to accelerate the 
drive up to the speed of large synchronous 
motors. 

Fig. X-15 indicates the coupling conditions 
at operating speed when both the induction 
and synchronous motors are driving the 
compressor. In this diagram it is seen that 
the magnetic fields in the electric motors 
act as variable strength springs in parallel 
between the electric distribution system and 
various parts of the mechanical system. 

A torsional calculation of this type is 
rather difficult, not only because of the 
electric couplings at different points in the 
mechanical system, but also because the 
stiffness or spring rate of this coupling 
action varies with speed of the drive, load, 
and torsional frequency as shown in Figs. 
X-16 and X-17. The analytical solution 
usually requires an electronic computer. 
The following procedure sets up the required 
differential equations for direct calculation. 

The differential equations used in calcu
lating one seven-mass coupled electrome
chanical torsional system (Fig. XI-3) are 
given below. These torsional vibration 
equations were derived by first taking the 
differential equations used in setting up the 
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well known "Hol tzer T a b l e s " and modifying 
them to incorporate, the equivalent additional 
paral le l " s p r i n g - r a t e s " connected at various 
points in the mechanical sys tem. 

2 Jj <Je.t -- C2-3{Sz-dz) 
i=i 

(16b) 

•J,©,-*- 0 , -2 (9 , -62) =0 

•J2f92-C l.2(*91-(92) + 02-3(62-03) ' 0 

I J.«u«-5. = C 3 . , ( -9 j -S 4 ) + C , . 7 { * 9 , - e T ) 

(15a) 

(15b) 

(16c) 

X J .« fl.-Cj.7(*9s--97)»C4.9{.94-*55)±C4-7(e.--97) 

•J.«rC.-.^-«^*c,.4<v«»J*c,.T(e,-«i)*o i ^ - y e . ^ - c ^ e ^ n c . M e ^ ) ^ ^ 
(16d) 

(15c) 

J4e4-c3.4(e3--94)-cs_7(*9,-*97)+C4-8(e4-9,) 

+cA.7(9A-e7)=o 

(15d) 

j5©5-c4-5(94-es)-C4-7 (fl4-*s7)
 + cs.6(05-96) 

+ Cw(05-*97)= 0 

(15e) 

j«ee-c5.6(e5--9,)-cs.7(*59-s7) + c 6 . 7 (e6-e7) • 0 

j 7 e 7 -c 6 - 7 (e 6 - *9 7 ) • 0 

J, e ^ j j z + j j ^ j ^ j 5 9 s + j 6 e 6 + j 7 e 7 - - 0 

(ISO 

( » g ) 

(15h) 

The spr ing ra te in induction motors may 
be e i ther negative or positive, depending upon 
the load on the moto r s . The solution of the 
above differential equations is as follows: 

J, a.2-9, • C,_2 (*9*-*92) 

(05-06)±Cw(95-07) 

(16e) 

i j , w ze i -c3 .7 (e3 - -57 ) + c4-7(e4-97 )+c5 .7 

7 

1 j .cu2e. = 0 
i = i • • 

(95-97)=C6.7(*96-e7) 

(16f) 

(16g) 

(16a) 

In these solutions the upper sign applies 
to positive spring rate in the induction motors 
while the lower sign should be used when 
the spring ra te is negative. 

After the frequencies and relat ive to r 
sional amplitudes of the various modes in 
a combined electromechanical system have 
been calculated, it becomes possible to eval
uate the t rue torsional amplitude and resultant 
torsional s t r e s s e s in the drive sys tem. This 
is done by equating the energy input in va r i 
ous par t s of the torsional system to the 
energy absorbed in the system. The mag
nitude of the excitation torque induced by 
the slip frequency in induction motors may 
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be obtained from the motor design calcula
tions made by the manufacturer. This ex
citation torque may then be applied to the 
torsional vibratory system. As an i l lus t ra
tion a f ive-mass torsional system, shown 
schematically in Fig. X-18, is used. The 
vibratory torque applied to mass 2 in 
this system may be expressed by 

T0 • T0 sin oj0t 

(17) 

where 

T0 • torque at any instant t 

T 0 - maximum excitation torque 

oi0 • torsional frequency. 

The torsional amplitude of mass 2 may 
be expressed by 

9z z Cz-n**9*! s i n W()t 

(18) 

where 

02 torsional amplitude of mass 2 at 
any instant of time t 

9n • maximum torsional amplitude 

C •= spring ra te of shaft between mass 
2 • n r , . 

2 and m a s s n. 

The relationship between the excitation 
torque and the torsional vibration of mass 2 
is shown in Fig. X-19. In this figure it is 
seen 

a *-*• phase angle between excitation 
torque and torsional amplitude of 
mass 2. 

F rom these basic equations the work input 
to the torsional system during one period of 
vibration is 

- 2 W .ZW 

AW T 0 d f V | T sin (iV + a ) C 2 - n 9n 

•W 

cos U0 t) d ^ o f ) 

(19) 

where 

AW = work input during one period of 
torsional vibration. 

The total work absorbed by damping in 
a torsional vibration system may be r e p r e 
sented by 

/

2W 

E D
+ M D + A D + VD 

(20) 

where 

AD = work absorbed during one period 
of vibration 

ED ' e lectr ical damping in motors 

MD • mater ia l damping in shafts 

AD - aerodynamic damping in compres 
sor and motors 

VD - viscous damping in bearings. 

In coupled electromechanical torsional 
sys tems the magnetic fields in electr ic 
motors have damping character is t ics as 
shown in Figs . X-20 and X-21. In these 
figures it is seen the damping coefficient in 
wound rotor induction motors var ies with 
motor speed, load, and the torsional f re
quency, while in a synchronous motor the 
damping coefficient var ies with load and 
torsional frequency. 
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In obtaining the true torsional amplitudes 
and resultant torsional stresses in various 
parts of a torsional system, the work input 
is obtained as a function of torsional ampli
tude of one of the masses in the system used 
as a reference. The work absorbed by damp
ing in a system is also computed as a function 
of the torsional amplitude of this reference 
body. These two equations are then equated 
and solved for the resultant torsional am
plitude of the reference mass. Once this 
torsional amplitude has been obtained, the 
torsional amplitude of the other masses in 
the system may be obtained from the relative 
torsional amplitudes obtained when calculat
ing the frequencies of the various torsional 
modes of the system as described above. 
The use of electronic computers has been 
found very valuable in conducting these cal
culations on large multimass wind tunnel 
drives. 

As a matter of interest, there is one type 
of wind tunnel drive which effectively de
couples torsional vibration in the mechanical 
drive system from the power distribution 
system. This drive consists of Pelton hy
draulic turbines connected directly to the 
compressor drive shafts. In such an instal
lation torsional vibration in the mechanical 
system cannot feed back through the free 
jets in the Pelton turbine to the hydraulic 
power system. The drive of the Modane 
Tunnel, referred to in Section V, has been 
operated over a very wide speed and power 
range without any evidence of torsional vi
bration in the drive or coupling with the 
hydraulic power system. 

The effect of torsional vibration in a wind 
tunnel drive system on the airflow is shown 
in Fig. X-22. In this figure it is seen how 
torsional vibration in the drive system can 
introduce a pulsation or variation in static 
pressure at various points around the wind 
tunnel duct. There is a tendency for the 
pressure variations to be intensified when 

the fundamental, or one of the harmonic 
acoustic frequencies of the duct system, is 
equal to the torsional frequency. 

There are also indications that aerody
namic phenomena, such as unstable shock 
waves in transonic throats, unstable boundary 
layers, or extended separated regions on the 
model or at some point in the aerodynamic 
duct, may, under certain conditions, cause 
serious torsional excitation of the drive 
system. As shown in Fig. X-22, a definite 
dynamic coupling exists between the aerody
namic system and the drive system. The 
stalled operation of compressors, discussed 
in Section VIII, may also become the source 
of torsional vibrations in the drive system 
(see Fig. X-23). 

If the variations in drive shaft torque are 
measured during surge and are correlated 
with the flow fluctuations, the magnitude of 
the forcing function in the torsional system 
can be obtained. 

The variations in torque as a torsional 
system goes in an out of resonance with the 
aerodynamic forcing function are also of 
interest. They would give the shape of the 
torsional resonance curve from which the 
damping in the torsional system could be 
calculated. 

Another type of aerodynamic excitation 
which can cause serious torsional vibration 
results from operating two or more com
pressors in parallel from a common prime 
mover or two or more drive units having 
a common coupling element such as an 
electric power system. The unstable aero
dynamic characteristics of these parallel 
compressors have, in several instances, 
introduced serious torsional excitation in 
drives, with resultant failures. An excellent 
study of the aerodynamic characteristics of 
compressors operated in parallel is con
tained in Ref. 47. Fig. X-24, which is taken 
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from this reference, illustrates regions of 
stable flow for two compressors when op
erated in parallel. In designing drive systems 
for compressors operating in parallel, ser i 
ous consideration must be given to this 
stability problem. 

There are two basic methods of driving 
two or more compressors operating in par
allel. The first is shown in Fig. X-25, in 
which each compressor is driven by its own 
separate motor. The other basic configura
tion is shown in Fig. X-26 in which a single 
motor is used to drive two or more compres
sors connected in parallel. There are, of 
course, numerous possible variations of 
these two configurations. 

The basic parallel arrangement shown in 
Fig. X-25, with individual drive motors, 
may be broken down into the torsional vibra
tion system shown schematically in Fig. X-27, 
in which each drive system consisting of a 
compressor and its drive motor is not only 
coupled to the electric power distribution 
system through the magnetic field in the 
motors, as described above, but is also 
coupled with each other through the common 
aerodynamic system. 

The torsional arrangement of the basic 
parallel system shown in Fig. X-26 is shown 
schematically in Fig. X-28. In this arrange
ment the aerodynamic coupling between the 
compressors is in parallel with the mag
netic coupling through the electrical power 
distribution system, while the aerodynamic 
coupling between the compressors is in 
series with the magnetic coupling through 
the power distribution system. 

From a torsional vibration viewpoint, the 
series coupled system shown in Fig. X-27 
is usually considered to be more "loosely-
coupled" than the parallel system shown in 
Fig. X-28, since the two drive systems are 
torsionally independent of each other except 

for the aerodynamic coupling and magnetic 
coupling. The magnitude of these coupling 
coefficients is usually rather low, which in 
turn usually gives a low torsional frequency 
to such a coupled system. In some instal
lations this coupled torsional mode manifests 
itself as a low frequency instability of the 
drives. The actual torsional frequency and 
coupling coefficients between these two sys
tems is determined by the mass and stiffness 
distribution in the mechanical system, the 
aerodynamic coupling coefficient between the 
compressors, the magnetic coupling in the 
motors, and the effective distributed inertias 
and stiffness of the electric power distribu
tion system. 

In the drive shown in Fig. X-27, synchron
ous motors are often used to furnish the 
bulk of power with either induction motors 
or a Ward-Leonard system used for starting. 
Wilh synchronous motors, the spring rate or 
stiffness of the electric power distribution 
system may be used to help stabilize this 
type of drive. The drive shown schematically 
in Fig. X-28 has a rigidly-coupled mechanical 
system with weaker parallel coupling in the 
aerodynamic and electrical systems. Any 
instability in the aerodynamic system is fed 
directly into the common drive connected to 
both of the compressors. The same is true 
of the electrical system wherein the dis
turbances in either the electrical system or 
the magnetic fields in the drive motors may 
excite torsional vibration. 

The use of synchronous motors to stabilize 
this type of system is usually not as effective 
as in the system shown in Fig. X-27, since 
the amplitude of torsional vibration of this 
"closely-coupled" system is such as to 
permit the synchronous motor to rock back 
and forth within the electrical phase without 
causing any tendency of the electric motor 
to "slip-phase" and thereby bring into action 
the inherently high synchronizing torques in 
these machines. 
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A system in which various size compres
sors are essentially operated in parallel is 
shown schematically in Fig. X-29, which 
represents a wind tunnel installation in which 
compressors for boundary layer control, 
for powered model scavenging in the test 
section, or for supplying make-up air are 
operated, essentially in parallel, with the 
main driving compressor. 

In such a closed aerodynamic system, 
it is easily possible to excite coupled modes 
of torsional vibration, since these drive 
systems are all coupled aerodynamically and 
electrically with each other, as shown in 
Fig. X-30. This is a particularly difficult 
problem, since the aerodynamic character
istics of any two of the compressors combine 
to give a set of stability curves of the type 
shown in Fig. X-24, and since each of these 
compressors usually has a different shaped 
characteristic curve and range of operation. 
In the operation of such a combined system, 
it is highly desirable to have pressure trans
ducers installed in the aerodynamic system 
and torsional vibration pickups installed in 
the drive systems, in order to preclude the 
possibility of operating in an unstable region. 

In drives using gears for either increasing 
or decreasing the speed of the compressor 
relative to the drive motors, torsional ex
citation may sometimes be excited by teeth 
contacts in the gear set, especially if the 
torsional damping is low. Straight spur 
gears, when used in gear sets, tend to give 
more torsional excitation then herringbone-
type gears. This is especially true when the 
spur gears have a low diametral pitch. In 
the design of drives using gear sets, it is 
frequently desirable to place the contact 
between the pinion and bull gear as near the 
nodal point of the predominant mode of tor
sional vibration as possible. This can usually 
be accomplished by the proper arrangement 
of the rotating masses, such as motor and 
compressor rotors, etc., and by varying the 

torsional rigidity of the various parts of the 
drive shaft. This arrangement was first 
proposed by F. M. Lewis and is commonly 
known as "nodal-drive." 

(2) Instrumentation and Testing 
Techniques 

In experiments dealing with the torsional 
vibration characteristics of compressor 
drives, one may differentiate between low 
frequency and high frequency systems; the 
low frequency systems may be arbitrarily 
considered as having torsional frequencies 
from zero to 100 cps, while the high frequency 
systems have a range of torsional frequencies 
from 100 cps to several thousand cps. By 
using this division, the instrumentation r e 
quirements may be simplified, since the 
limit of mechanical instruments for record
ing torsional vibration is around 100 cps, 
while the range of electrical torsional vibra
tion pickups is usually from about 10 to 1000 
cps. In some of the larger wind tunnel drives 
torsional frequencies of 0.5 cps or lower 
have been observed, while in small, higher-
speed compressor drives, torsional frequen
cies of several hundred cps have been found. 

There are several mechanical-type tor
sional vibration recorders made; the prin
ciple ones are the Geiger Torsiograph, the 
DVL Recording Torsion Meter, the RAE 
Mark VA Torsiograph, and the Summers 
Torsiograph. The Geiger Torsiograph has 
been used very successfully on some of the 
large wind tunnel drives which have a low 
rotational speed and rather low torsional 
frequencies. One advantage of this torsio
graph is that it gives a record of the torsional 
amplitudes and frequencies directly. In 
some of the other mechanical torsiographs a 
rather extensive analysis of the data is re
quired before these values can be obtained. 

Among the electrical instruments used for 
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recording the amplitude and frequency of 
torsional vibration in wind tunnel drives are 
the Electrical Recording Torsion Meter, the 
Siemens-McNab Electric Torsion Meter, and 
the Electric Torsiograph listed in Ref. 48. 
The Electrical Recording Torsion Meter 
consists of wire strain gages mounted on the 
drive shaft and connected to amplifiers and 
recording equipment through sliprings. This 
equipment gives the strain in the drive shaft 
at the point where the strain gages are 
mounted; from this the dynamic torque and 
amplitude of torsional vibration of the vari
ous masses in the torsional system can be 
calculated. Difficulty is sometimes en
countered in obtaining a satisfactory slipring 
installation. It should also be noted that the 
sensitivity of this method is at a minimum 
at the "loops" of the torsional modes, i.e., 
the points of maximum torsional amplitude, 
and is the highest at the nodal points of 
these modes, i.e., the points of maximum 
stress. The use of wire strain gages has 
been found very valuable in obtaining the 
magnitudes of stress concentrations in the 
various parts of the drive, such as coupling 
fillets, etc. 

The Siemens-McNab Electric Torsion 
Meter consists of two split sleeves, one 
mounted inside of the other with their re 
spective outer ends clamped to the drive 
shaft. The torsional deflection between these 
two sleeves, which is the torsional deflection 
of the segment of shaft being measured, is 
measured by a variable reluctance bridge 
element which consists of two magnetic coils 
whose magnetic reluctance changes with 
variation of the air gap between them. This 
air gap is changed by the relative torsional 
displacement between these two cylindrical 
sleeves. The output of the variable reluctance 
bridge is taken through sliprings to carr ier 
amplifier and recording equipment. In this 
type of torsion meter, it is necessary forthe 
frequency of the carrier voltage used to ex
cite the electric coils to be approximately 

ten times the value of the highest torsional 
frequency to be recorded. Experience has 
shown this type of torsion meter to be rather 
difficult to mount on some drive installations; 
it usually requires a separate sleeve design 
for each installation. 

The Electric Torsiograph is a self-
generating type of pickup whose output is 
proportional to the velocity of the torsional 
vibration being measured. This torsiograph 
is quite small and may be mounted directly 
on the end of the drive shaft being studied. 
The output of this torsiograph is brought 
through its own internal sliprings to asso
ciate amplifiers incorporating an integrating 
circuit. The output of these amplifiers is 
proportional to the amplitude of torsional 
vibration being measured, and may be r e 
corded on a recording oscillograph. 

(3) Compressor Rotor Blades 

Compressor rotor blades are subject to 
torsional vibration. Torsional vibration in 
these blades is usually excited by unsym
metrical airflow at the compressor entrance 
and wakes from bearing supports and stator 
vanes. The flow pattern into the inlet of a 
medium-size wind tunnel compressor is 
shown in Fig. X-31. A harmonic analysis 
of the various orders in the airflow entering 
this compressor is shown in Fig. X-32, in
dicating that the rotor blades near the inlet 
end of this compressor experience a varia
tion in lift once per revolution and three 
times per revolution. 

An analysis of the torsional excitation of 
wind tunnel compressor blades by wakes 
from upstream prerotation vanes is contained 
in Ref. 49. Excerpts of this reference are 
presented in Appendix 1, In this reference 
equations were derived fitting the shape of 
the wake downstream of the prerotation 
vanes, the variation in lift on the rotor blade 
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as it passed through these wakes, and the 
work input per cycle from this excitation as 
a function of tip amplitude. Equations were 
also derived for the work absorbed by aero
dynamic damping and material damping of 
the blade in terms of its lip vibratory am
plitude. The equations for work input were 
equated to those for work absorbed by aero
dynamic damping and material damping and 
solved for the resultant tip amplitude. 

When calculating the frequency of the 
various torsional modes for a compressor 
rotor blade, it is necessary to take into 
account the coupling with the bending modes 
and the stiffening effect of centrifugal force. 
A method of performing these torsional cal
culations is outlined in Ref. 50. When con
ducting these calculations on compressor 
blades, which are tapered in both plan and 
thickness, it has been found convenient to use 
electronic computing equipment. 

(c) Coupled Modes of Lateral and 
Torsional Vibration or Flutter 

In several cases of compressor blade 
failures it was found that the blade was sub
jected to flutter. Basic or classical flutter 
consists of coupled bending and torsional vi
bratory modes of the blade, which have either 
0 degree or 180 degree phase difference, being 
excited by variations in aerodynamic lift on 
the blade. Since the geometrical axis of each 
blade section does not coincide with the tor
sional axis or the aerodynamic axis, this 
variation in aerodynamic lift will not only 
excite the blade in bending vibration, but will 
also impan a torsional coupling with r e 
sultant torsional vibration. Since the change 
in aerodynamic lift is 90 degrees out of phase 
with the bending and torsional motion, it 
permits energy to be absorbed from the aero
dynamic flow by the vibrating blade. While 
calculations indicate that because of the high 
bending and torsional frequencies of the blade, 
basic or classical flutter usually cannot occur 

in a normal wind tunnel compressor blade; 
it has been found that another type of flutter, 
known as stall flutter, does occur under some 
conditions when a compressor stage is sub
jected to stall. According to the majority of 
the test data, blades are excited in this type of 
flutter in first mode bending. 

Pearson, in Ref. 59, has presented a 
study on stall flutter in cascades of com
pressor blades. In the enclosed Fig. X-33, 
which is from this reference, is shown the 
variation in blade lift coefficient with the 
angle of incidence, a . As seen in this 
figure the lift coefficient increases with a 
positive slope up to the stall angle, then 
decreases with a negative slope over a cer
tain range, and again starts increasing with 
a positive slope. This same phenomenon is 
shown in Ref. 62 where the variation of the 
dynamic normal force coefficient is plotted 
against the angle of attack of the blade for 
pure bending stall flutter. 

Ref. 59 shows how the blade fillet stresses 
increase during stall conditions, to a level 
sufficient to cause fatigue failures. From 
this reference, as well as Ref. 63, it appears 
that further investigations into the effect of 
stall flutter on the stress in compressor 
rotor blades are needed before vibratory 
stresses in various types of rotor blades can 
be calculated with sufficient accuracy to be 
acceptable in new compressor design. In 
this connection it should be pointed out that 
instantaneous pressure distributions over 
vibrating blades would be desirable. Sub-
miniature flush-diaphragm type pressure 
transducers may be utilized for such meas
urements. These subminiature pressure 
transducers may also be incorporated in the 
oscillating airfoil shown in Fig. 9 and 10 of 
Ref. 64, and also in the equipment shown 
schematically in Fig. 1 of Ref. 65. With 
pressure distribution data obtained in this 
manner, the energy input to the blade may 
be calculated, and with the vibratory am
plitude known, the vibratory damping may be 
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obtained. Knowing the internal damping of 
the blade mater ia l , it is then also possible 
to obtain the damping in the blade mounting. 

(d) Fatigue Problems 

The solution of fatigue problems in wind 
tunnel compressors and their dr ives is be
coming more important as the mechanical 
complexities and operating s t r e s s levels 
continue to increase . The fatigue cha rac te r 
ist ics of mater ia l s used in compressor 
design a r e different in some respec ts to 
those required in other fields. In wind tunnel 
compressors the steady state or " s t a t i c " 
load on the rotor s t ructure is composed of 
centrifugal loads plus aerodynamic loads. 
However, these loads cannot be considered 
as static loads, since they vary with the 
speed of the compressor from ze ro to a 
maximum during a cycle of tunnel operation. 
Thus, from a fatigue viewpoint, these may 
be considered as slowly changing loads in
stead of steady or static loads. Superim
posed on these loads a re dynamic loads 
from blade vibration and torsional vibration 
in the drive sys tem. 

The frequency of the dynamic loads due 
to blade vibration a r e many t imes g rea te r 
than the frequency due to the centrifugal 
and aerodynamic loading of the blades. Thus, 
in studying the fatigue charac te r i s t i cs of 
mater ia l used in the design of wind tunnel 
compressors and their dr ives , it is necessary 
to consider the loading as made up of slowly 
varying loads on which a re superimposed 
rapidly varying dynamic loads. The rat io 
between the magnitudes of these two types of 
loading var ies over a ra ther wide range. 
In order to obtain a complete picture of this 
fatigue problem, the effects of elevated t em
perature must a lso be taken into account. 
The problem of mater ia l c reep at elevated 
tempera tures , combined with cyclic loading, 
is treated by Trumpler and Fox in Ref. 33. 

Fig. IX-3, from Ref. 33, shows the pe r 
missible s t rain in percent of the total yield 
for a various number of loading cycles as 
a function of tempera ture . Further tes ts of 
this type on mater ia ls commonly used in 
compressor fabrication would be very valu
able, especially if the loading cycle was com
prised of the two types of loading described 
above. 

The S-N diagrams of several alloy s teels 
used in aircraft a r e given in Ref. 66 for 
high s t r e s s levels in the yield range and low 
cyclic loading. 

A method of fatigue prediction by means 
of a cyclograph is contained in Ref. 67. In 
this work a high frequency, nondestructive, 
magnetic test instrument was used to de ter 
mine the changes in magnetic and electr ic 
proper t ies of SAE 4340 samples and obtain 
a correlat ion with the fatigue damage. This 
r esea rch work indicated that this technique 
could be used for examining structural par t s 
in serv ice as well as determining fatigue 
charac ter i s t ics of test specimens in the 
laboratory. 

XI. STRUCTURAL MODELS 

While the aerodynamic models discussed 
in Section XII have been extensively used 
to establish the performance charac ter i s t ics 
of various component par t s of a wind tunnel, 
such as the compressors , diffuser, e tc . , 
relatively little use has been made of m e 
chanical models in predicting the vibration 
and s t r e s s charac ter i s t ics of the components 
of wind tunnel compressor dr ives . 

(a) S t ress Models 

(1) Photoelastic Models 

Photoelastic techniques offer an excellent 
means of studying s t r e s s pat terns qualita
tively and quantitatively in various component 
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par ts of the compresso r and its d r ive . There 
a r e several excellent books and ar t ic les on 
this subject. Among these a r e the two volumes 
by Max Frocht listed in Ref. 68. 

As an example some photoelastic studies 
a r e presented of s t r e s s concentrations in 
the outer periphery of a compressor ro tor 
disc segment, shown in Fig. IX-13, and 
made with the photoelastic model shown in 
Fig. XI -1 . In this figure the model r e p r e 
sented a segment of the outer periphery of 
the blade mounting disc with three holes for 
the blade mounting pins. 

This photoelastic model made of photo
sensit ive Bakelite was placed in the optical 
system shown in Fig. XI-2a, consisting of a 
light source in the far background, attached 
to the wall and containing a s e r i e s of green 
incandescent tubular lights and a qua r t e r -
wave optical plate with a c i rcu la r piece of 
Polaroid mater ia l immediately in front of it. 
Simultaneous loads were applied to this 
model through plexiglass loading elements 
retained by suitable pins in the model, 
as shown in Fig. XI-2b; the nonphoto-
sensit ive plexiglass permitted the fringes in 
the model to be photographed through the 
plexiglass . The loads applied to the model 
simultaneously consisted of vert ical loads, 
a s shown in Fig. XI-2b, simulating tangential 
s t r e s s e s in the outer segment of the disc , 
and horizontal forces simulating radial 
s t r e s s e s and concentrated centrifugal blade 
loading. 

In o rde r to verify the suitability of this 
photoelastic model, the tangential loads were 
first applied as shown in Fig. XI -3 . In this 
figure the region between the three blade-
mounting pin holes and the five res t ra ining 
pins immediately below them had approxi
mately one fringe s t r e s s variation between 
them, which was considered sat isfactory. 
The tangential loading was then removed, 
and the radial and blade loading applied with 

the resultant fringe pattern shown in Fig. 
XI-4. In this figure the region between the 
blade-mounting pins and the five retaining 
pins immediately below them also had less 
than one fringe variation in s t r e s s . 

The simultaneous application of these two 
loads gave a resultant fringe pattern shown 
in Fig. IX-14. In this figure the fringe 
pat terns between the blade mounting pins and 
the five res t ra ining pins immediately below 
them, as well as the fringe pat terns between 
these three blade mounting pins and the five 
res t ra ining pins at each side, all show less 
than one fringe pattern of s t r e s s variation, 
which indicated that the loading of this model 
reproduced the uniform s t r e s s pattern exis t 
ing immediately below the blade-mounting 
pins in the prototype. The analysis of the 
fringe pat terns immediately above the blade-
mounting pins indicated that there was a 
region immediately above these pins which 
would be subjected to s t r e s s e s beyond the 
e las t ic limit of the prototype mater ia l . 

Photoelastic analysis is , of course , not 
applicable to s t r e s s e s exceeding the elast ic 
limit of the mater ia l . Photoelastic analysis 
may a lso be used with stroboscopic light to 
photograph the maximum s t r e s s e s a s well a s 
the manner in which the s t r e s s pat terns 
change in models subjected to vibratory loads. 

A photoelastic method for determining 
three-dimensional s t r e s s e s is described in 
Ref. 40. This method is known as the "Theory 
of Shear Difference" and does not depend on 
the value of Po isson ' s rat io of the photo
elast ic mate r ia l . There is a possibility that 
this method may be extended to the plastic 
range of the photoelastic mater ia l , but the 
resu l t s so obtained apply to the model only 
and, at present , a r e not directly applicable 
to the prototype. 

(2) Metallic Models 

Metallic models made usually of the same 
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material as used in the prototype may be 
utilized to determine stress patterns in the 
prototype as they appear on the surface. 
Such a model of a compressor blade attach
ment is shown in Fig. IX-17. It consists of 
a segment of the rotor disc machined on the 
end of a round rod serving as an attachment 
for a tensile testing machine and a scale 
model of the lower portion of the compressor 
rotor blade and its root attachment machined 
from a small billet of the prototype blade 
material. By loading this model with ac
curately known tensile loads in a testing 
machine, the centrifugal loads on the proto
type could bo accurately reproduced. 

The resultant stress pattern on the sur
face of the blade root was obtained by coating 
the model with Stress-Coat, as shown in 
Fig. IX-18. Once the location of the stress 
concentrations was known, wire strain gages 
were cemented to the model as shown in 
Fig. IX-19 to measure the magnitude of 
these stresses. After sufficient stress data 
was obtained, the model was loaded to de
struction and the patterns of plastic deforma
tion shown in Fig. 1X-20 obtained. 

Metallic models may be used to verify 
analytical calculations where the principle 
stresses are primarily two dimensional and 
their maximum value occurs at or near the 
surface of the material. The examination 
of metallic models after failure indicates 
the locations of maximum stress and the 
manner in which failure occurred. 

Strain gages may also be used on metallic 
models to obtain the magnitude of dynamic 
stress for known exciting forces. This type 
of analysis is especially valuable when it 
is necessary to determine the manner in 
which steady or static stresses and dynamic 
stresses combine at points of maximum 
stress concentrations. 

A combination of photoelastic and metallic 

models may be used effectively for deter
mining stress patterns and their magnitudes 
in various component parts of wind tunnel 
compressors and their drives. 

(b) Vibration Models 

Vibration models may be divided into 
those for studying lateral vibration and tor
sional vibration. In designing either lateral 
or torsional vibration models, the funda
mental frequency of the model is usually 
made the same as that of the prototype. 
Consequently the various resonant frequen
cies of the model will be the same as those 
of the prototype, provided the stiffness and 
mass distributions are maintained and scaled 
correctly. 

(1) Lateral Vibration 

The scaling laws for lateral vibration 
models are contained in Ref. 53. The fre
quency ratio between a model and prototype 
is given by the following equation taken from 
this reference: 

fm . 
fP 

/•^mlm 
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/ Eplp 
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(21) 

where 

m - model 

p = prototype 

E = modulus of elasticity 

I = moment of inertia of cross section 

W = weight 

L • length. 
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If the resonant frequency of the model 
is made the same as the prototype, then 

'm = 'p 

Eq. (21) then becomes 

Ip 
WnL p--p 

W|-n*-m 
Ir 

(22) 

Substituting I • g 4 

for a solid shaft, and 

W B 
Trd'Ly 

into Eq. (22), 

where 

Y- weight per unit volume, 

-m dm 
dn 

(23) 

This equation gives the ra t io between the 
lengths and d iamete r s of the model and proto
type, respect ively. In a s imi la r manner , the 
following equation can be derived from the 
above express ions 

Wm 
WD 

-m 

(24) 

Eq. (24) gives the ra t ios between the 
weight and length of the model and pro to
type, respect ively. 

In designing a la teral vibration model, a 
suitable length rat io is taken between the 
model and prototype. 

Eq. (23), which gives the relation of the 
length and diameter between the model and 
prototype, is then used to calculate the 
lengths and d iamete rs of all sections of the 
model which contribute both weight and 
stiffness to the vibratory sys tem. The par t s 
of the prototype contributing only weight to 
the vibratory system a r e calculated for the 
model by using the difference between Eq. 
(24), giving the rat io between weights and 
lengths, and Eq. (23), giving the ra t io be
tween d iamete r s and lengths. This weight 
is added to the model in such a way that it 
will not affect its local bending stiffness, 
and at the same t ime, will not form a local 
resonant system comprised of the weight and 
its means of attachment to the model. 

A lateral vibration model of a large wind 
tunnel drive system is shown in Fig. XI-5. 
The three large m a s s e s on the left side of 
this figure represent three s tages of a com
p r e s s o r ro tor with those on the right r e p 
resenting a " t u r n i n g - g e a r " and couplings. 
The stiffness of the model bearing support 
s t ruc ture may be determined by replacing 
the weight of the rotary portion of the dr ive 
supported by each bearing with a concen
trated weight rigidly mounted at the model 
bearing. This concentrated weight on the 
model bearing support s t ruc ture is then vi 
brated at its first mode resonance and the 
stiffness of the bearing support s t ruc ture 
changed until this resonant frequency is the 
same as that calculated for s imi la r conditions 
of the prototype. When making this calcula
tion for the prototype, the bearing react ions 
may be used for the concentrated loads at 
each bearing, provided the center of all 
bearings was assumed to lie in the same 
horizontal plane when the bearing reaction 
calculations were made. The relation be
tween the bearing support stiffness and the 
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distributed stiffness in the model shaft will 
then have the same relation as those in the 
prototype. Thus, it may be assumed that 
the coupled lateral modes in the model will 
be similar to those in the prototype. 

The frequencies of the various lateral 
modes of the model shown in Fig. XI-5 were 
obtained with the electronic equipment shown 
in Fig. X-27, consisting of a variable fre
quency oscillator driving a power amplifier 
shown in the upper left of this figure. The 
output of this power amplifier was connected 
to a solenoid, shown mounted under the center 
of the span of the drive shaft in the center 
of this figure, without touching the shaft and 
exciting vibration in it by variations of its 
magnetic field. 

The location of nodes and loops in the 
various vibratory modes was obtained by 
comparing the amplitude and phase relation
ship between the output of several strain 
gages cemented to the model as shown in 
Fig. XI-5. Various types of displacement-
sensing equipment, such as capacitor pickups, 
small accelerometers, or velocity type vi
bration pickups may also be used to deter
mine the shape and node locations in such 
a model. The results of tests on this par
ticular model compared very well with cal
culated values for the lower modes. Since 
the first mode is usually of primary impor
tance in this type of drive system, it can be 
concluded that properly designed lateral 
vibration models can be effectively used in 
predicting the first critical speed. Addition
al tests on this model indicated that torsional 
stiffness in the bearing support structures 
tended to shift the frequencies of the higher 
modes. The correct frequencies for the 
higher modes may be obtained by designing 
bearing support structures giving proper 
vertical and horizontal restraint without in
ducing bending moments in the model. 

The above design criteria for lateral 

vibration models may be combined with the 
equations for flexural vibrations in circular 
discs (given in Ref. 61) and the equations 
for calculating the bending frequencies of 
compressor blades (given in Ref. 50) for the 
design of a rotating vibration model of a 
complete compressor rotor as shown in 
Fig. X-31, which is a model of the compressor 
rotor assembly shown in Fig. IX-6. In de
signing such a vibration model, the physical 
dimensions of the blade-supporting discs 
are selected to give the same frequency of 
flexural disc vibrations in the model as in 
the prototype. The blades of the model are 
also designed to have the same bending and 
torsional frequencies as the full scale proto
type blades. With such a model it is then 
possible to study the effect of the number 
and radii of spacers between the blade-
supporting discs as shown in Fig. IX-6. 

The stiffening effect of centrifugal force 
on the various component parts may be de
termined by varying the rotational speed of 
such a model so the centrifugal force may 
be accurately reproduced to scale at various 
radii. By obtaining the various resonant 
frequencies of the blade and disc combination 
when it is stationary and when it is rotating, 
the stiffening effect of centrifugal force on 
this coupled vibratory system may be ac
curately determined. 

The resonant frequencies of the blade 
disc combination may be obtained, when the 
model is stationary, with the vibration equip
ment shown in Fig. X-31. In the lower left 
of this figure, a variable frequency oscillator 
is shown connected to a power amplifier whose 
output is used to drive a magnetic vibrator 
shown connected to the root of one of the 
model compressor blades. The coupled vi
bration patterns in the disc may be obtained 
by using small velocity type vibration pick
ups or by the use of several wire strain 
gages cemented at various points over the 
face of the disc. The equipment shown in 
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the right of this figure was used to record 
the phase relationship and frequency of the 
various modes of vibration. The nodal lines 
of these various modes of vibration may be 
obtained over the face of the disc by fastening 
one velocity pickup to the disc and using it 
as a reference and slowly moving another 
velocity pickup over the face of the disc 
while observing its amplitude and phase 
relationship with the reference pickup on a 
cathode ray oscilloscope, as shown in the 
right of this figure. 

are overhung from their main support bear
ing. However, this type of rotor and drive 
configuration is very seldom encountered 
in modern designs, since the rotor usually 
has several stages and is supported between 
two or more bearings. Experience has shown 
that the gyroscopic effect decreases very 
rapidly when the ratio of rotpr-hub diameter 
to rotor length approaches unity. This is 
especially true if the rotor deflection curve 
between the two support bearings is sym
metrical. 

The nodal lines and frequency of the var
ious modes of the blades may be obtained 
by cementing wire strain gages at various 
points over the blade and comparing their 
amplitude and phase relationship. Some idea 
of the damping in such a coupled vibratory 
system can be obtained by exciting it at its 
various resonant frequencies, starting the 
recording oscillograph, and then suddenly 
disconnecting the electric driving power 
from the power amplifier to the electric 
vibrator. An analysis of this oscillograph 
record will give the logarithmic decrement 
of the decaying vibration from which the 
damping coefficient may be obtained. A 
comparison of the damping model with the 
value of the completed full scale compressor 
rotor may be very useful in future designs 
of a similar nature. 

(2) Torsional Vibration 

Torsional vibration models of wind tunnel 
drive systems have also proved quite valuable 
in predicting the vibration characteristics of 
full scale wind tunnel compressors and their 
drives (Ref. 69). The equations for use in 
designing a torsional vibration model maybe 
derived as follows: 

First, the frequency of the various vi
bratory modes in the model are made the 
same as those in the full scale prototype. 
Therefore 

m fr 

(25) 

where 

It may be stated again that the use of 
vibration models in the design of large com
pressor rotors has proved invaluable in pre
dicting the coupled vibration characteristics 
of the full scale prototype under service 
conditions. 

Stationary lateral vibration models have 
one disadvantage in that they cannot portray 
correctly the gyroscopic stiffening action of 
the compressor rotor. This gyroscopic 
action becomes important only when the 
rotor structure has a large diameter-to-
length ratio or when the rotor and its shaft 

fm = frequency in model 

fp = frequency in prototype. 

Second, any torsional vibratory system 
may be broken down into component parts 
consisting of a length of shaft and a con
centrated mass. The torsional frequency of 
such a component (assuming the free-end of 
the shaft to be rigidly fixed) is 

f 
2 T

 V J 

(26) 
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where 

f - torsional frequency 

C • torsional rigidity 

J • mass moment of inertia. 

Third, the relation between the model and 
the prototype may be expressed by 

(27) 

Iff m fp, then 

•_vn_ 

Jm 

(28) 

For a solid shaft, the torsional rigidity 

„ ird4G 
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(29) 

Substituting values of C in Eq. (28), the 
following expression for the relation between 
the diameters of the shaft in the model and 
the prototype is obtained 

'm 
"P 

*-mJm 
Lp J p 

(30) 

In designing a torsional vibration model, 
any convenient ratio of shaft length and 
moment of inertia may be used. After this 
ratio has been selected, the shaft lengths 

and moments of inertia in the model may 
then be calculated. After these values have 
been determined, Eq. (30) may be used to 
determine the relation between the shaft 
diameters of the model and prototype. 

A torsional vibration model, which may 
be nonrotating, since all rotational effects 
cancel out, may also be excited by variable 
frequency electronic vibrating equipment, 
such as that shown in Fig. X-31. The reso
nant frequencies and shape of the nodal pat
terns may be obtained by the use of wire strain 
gages cemented at an angle of 45 degrees to 
the center line of the shaft, or by the use 
of Geiger Torsiographs if the resonant fre
quencies of the model are kept below 100 
cps, and corrections are made for the Tor
siograph. Electric reluctance pickups may 
also be used by placing them near a protruding 
steel part from one of the concentrated 
masses of the model and measuring the 
variation in air gap between the pickup and 
this protruding part with proper electronic 
recording equipment. 

The effect of magnetic coupling in electric 
motors, as described in Section X(b), may be 
reproduced in a torsional model by attaching 
torsional springs in parallel with the drive 
shafts at various positions on the model. 
The ratio of torsional rigidity of these model 
springs to that of the prototype should be 
the same as that used in calculating the 
torsional rigidity of the model shaft. The 
torsional rigidity of the model springs rep
resenting the coupling effects of the magnetic 
field in the electric motors should also be 
varied, over the range of interest, as a 
function of torsional frequency, drive speed 
and load on induction motors, as shown in. 
Fig. X-20, and as a function of torsional 
frequency and load on synchronous motors, 
as shown in Fig. X-21. The inclusion of this 
coupling effect in electric motors tends to 
complicate a torsional model but may be 
necessary under certain conditions. 
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Torsional vibration models furnish a very 
accurate and rigorous method for checking 
mathematical computations, and serve as a 
very easy method for determining the effect 
of the various design parameters on the 
torsional vibration characteristics of a com
plex wind tunnel drive system. 

XII, AERODYNAMIC MODELS 

As mentioned earlier aerodynamic models 
are being widely used to aid in the selection 
and design of wind tunnel drives. They are 
as a rule used to furnish information regard
ing the performance of components and 
design features for which there is not enough 
existing information or to investigate the 
interaction and matching of combinations of 
more or less standard components. In the 
first category belong models of nozzles, 
diffusers, corner vanes, scavenging intake 
scoops, model supports, compressor stages, 
etc. The second group contains compressor 
drives, sections of the tunnel circuit and 
complete models of the entire tunnel. In 
view of the variety in the information sought 
with such models, it is difficult to make gen
eral statements regarding the model laws 
applied to them except that the Mach number 
is obviously the key parameter in most cases, 
while model dimensions are usually fixed 
by the size of the air supply or available 
source of power. 

(a) Passage Models 

As pressure ratio versus volume require
ments of the components of the wind tunnel 
circuit have great influence on the overall 
tunnel performance, it is not surprising that 
a great majority of models that have been 
built is falling into this category; a few 
representative samples are listed in the 
following: 

The variable Mach number nozzle and dif
fuser, with bypass around the test section, 

for the 8 ft. by 8 ft. high-speed tunnel of 
the NAE at Bedford was designed on the 
basis of the tests on a 1/24 scale model. 
In the course of these tests, the variation 
of pressure ratio with the amount of bypass 
air was determined and the analytical method 
used in calculating the diffusor efficiencies 
was verified. 

As another example, one may cite the 
model (scale 1/5.3) of the working section 
and diffuser of the one-ft. diameter, inter
mittent, induction tunnel of the NPL. Tests 
of this model furnished information regarding 
the influence of tunnel geometry (injector 
slot size and slope, diffuser angle and exit 
area) on the efficiency characteristics. Fig. 
XI-1 taken from Ref. 70 shows satisfactory 
agreement between model and full scale 
tunnel, the performance of the latter being 
slightly better. 

One may also mention Ref. 71, in which 
design information was obtained with regard 
to the scavenging scoop and variable geometry 
diffuser of the AEDC Propulsion Wind Tunnel 
at the Defense Research Laboratory, Uni
versity of Texas. 

(b) Complete Tunnel Circuits 

Models belonging in this category are 
especially useful; while they are built pri
marily to obtain design information and 
operational data, they are usually also avail
able for some wind tunnel test work and 
often become permanent test facilities. One 
of the more recent installations of this type 
is the Transonic Model Tunnel built in 
Tullahoma in connection with the design of 
the Propulsion Wind Tunnel. This tunnel 
is of 1:16 scale and is operated by a 3000 
hp constant speed centrifugal compressor of 
100,000 cfm capacity. Details of the tunnel 
and its performance are found in Ref. 72, 
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Another complete model tunnel was built 
for the 8 ft. by 12 ft. subsonic tunnel of the 
Boeing Airplane Company and its transonic 
modification. This model is of 1:20 scale 
and according to Ref. 73 it "played a most 
outstanding part in the development of both 
full scale tunnels ." 

(c) Compressor Models 

The fan system of the 10 ft. transonic 
tunnel at the Wright Air Development Center 
consists of two pai rs of 19-ft. d iameter , 
counter rotating, 20,000 hp, variable speed 
fan stages driven by wound rotor induction 
motors . Operating experience with the 
prototype fans revealed that under certain 
conditions there were some difficulties in 
evenly distributing the load between the two 
fan sections; in addition it appeared that an 
extension of the range of Mach numbers and 
Reynolds numbers of the tunnel could be 
realized by means of a boost in the fan 
performance. Studies of both of these prob
lems were conducted with the aid of a com
plete model of the fan system, of 1:20 scale , 
driven by two 150 hp, variable frequency 
powered motors having a maximum speed of 
12,000 rpm. In these model tests the effect 
of the shape and angle setting of the in ter
stage guide vane system and of changes in 
the rotor blade settings were determined. 

A comparison of the performance of the 
prototype fan with the appropriate model 
data obtained at identical blade tip Mach 
numbers demonstrates the order of magni
tude of discrepancies that can be expected 
in the studies of this type as a result of the 
large differences in the Reynolds numbers 
and the unavoidable lack in complete geo
metr ic similari ty between model and proto
type. These discrepancies were expressed 
in the case of the present studies in t e rms 
of the difference of the reduced full scale 
volume flow and model volume flow,(AQ), 

for a given value of tip speed Mach number 
(the effect of p re s su re rat io was neglected 
in this instance). As shown in Ref. 12, AQ/Q 
was found to vary from about 2 percent at 
half speed to about 11 percent at full speed. 

Another recent example of model com
presso r studies is represented by the test 
program conducted by the Westinghouse 
Elect r ic Corporation on the 30-ft. diameter 
compressor for the transonic circuit of the 
AEDC Propulsion Wind Tunnel. These in
vestigations provided information on the 
performance of the compressor with various 
stator blade settings and served to verify 
the predicted performance at the lowest 
p re s su re ra t ios and near the stal l . The 
model used for these tes ts was 1:18 in scale 
and was driven by a 40 hp DC dynamometer 
rated at 2600 rpm; a booster blower was 
also utilized to permit tes ts at p res su re 
rat ios near unity. Due to the limitations 
in the power level of the drive, it was not 
possible to operate this model at speeds 
exceeding one-fourth of the prototype value; 
however, this was not felt to be cr i t ical as 
the design of the compressor was based on 
relative Mach numbers that were considered 
very conservative. 

(d) Studies of the Effect of 
Nonuniformities in Inlet Conditions 
on Compressor Performance 

It has already been indicated in Section 
X how nonuniformities in the velocity profile 
at the compressor entrance have at t imes 
been the cause of ser ious vibratory s t r e s s e s 
in compressor blades. In addition, such 
i r regular i t ies in the flow may also bring 
about significant changes in the steady state 
charac te r i s t ics of the compressor a s a 
whole. This fact is well known. It has even 
been utilized at t imes as a means to control 
the inass flow and p ressu re ratio of axial 
flow compressors (e.g., see Ref. 26), but 
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it is , of course, clear that the losses in
herent in a control system of this type are 
rather high. 

In wind tunnel drives the aforementioned 
irregularities are usually due to shaft bear-
gins, corner vanes, wakes from the model 
and model supports, separations in the dif
fusers, obstructions such as scavenging 
scoops and similar causes. As it is prac
tically impossible to predict the magnitude 
and extent of the velocity gradients due to 
such causes, model tests have to be made 
if it is likely that major disturbances may 
be present in the flow. Furthermore, be
cause it is difficult to predict the effect of 
the nonuniformities on the compressor per
formance, it is best to make these tests in 

conjunction with the model studies of the 
compressor as was done in the Propulsion 
Wind Tunnel tests referred to above and in 
the tests on the 1:7 scale model of the 20-ft. 
diameter compressor of the 8 ft. by 8 ft. 
high-speed tunnel of the NAE in Bedford. 
Nonuniformities at the compressor entrance 
should also be kept in mind in connection 
with the problem of compressor surge, e s 
pecially when it is planned to operate the 
tunnel compressor in the vicinity of surge. 
Slight variations of the axial velocity may 
distort the velocity triangles at some points 
of the annular entrance area sufficiently to 
cause stalling of the blades passing through 
that region, but no stall danger would exist 
if the axial velocity distribution were more 
uniform. 
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Fig.11-8. Pressure ratio vs. Mach number for various passage configurations. 
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Fig.II-9. Volume flow at compressor entrance vs. Mach number for various passage 
configurations. 
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Fig.U-11. Shaft horsepower vs. Mach number for various passage configurations. 
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Fig.11-12. Maximum available static pressure and off-design Mach numbers. 
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Fig.II-13. Estimated pressure volume characteristics of various supersonic wind tunnels. 
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Fig. IX-1. Multiple-stage axial flow wind tunnel compressor with iris valve bypass. 
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BLADES 

END -BELL 

BEARING 

DRIVE SHAFT 

Fig. IX-7. Steam turbine type rotor. 



Fig.IX-8. Cross section of fabricated compressor rotor. 
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BLADE FAIRING 

HOLLOW ROTOR STRUCTURE 

BLADES-

THRUST BEARING-
SUPPORT COLLAR 

DRIVE SHAFT-

it*. 

o 

DRIVING RINGS 

BLADE SUPPORT DISC 

)RIVE SHAFT 

Fig. IX-9. Compressor rotor with blade support discs shrunk on drive shaft. 



WOOD BLADE 

* — S P R I N G LOADED BOLTS 

DRIVE SHAFT 

Fig.IX-10. Fabricated wind tunnel fan with wood blades bolted to steel rim. 
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Fig.IX-ll. Variation of temperature along disc radius. 
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Fig.IX-12. Stress distribution in solid disc computed with variable values of Poisson's ratio. 
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BLADE 

REGION OF 
CRITICAL STRESS 

DISC SEGMENT 

Fig.IX-13. Cutaway view of root of compressor rotor blade mounted on disc segment. 
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s. 

Fig. IX-14. Photoelastic model showing patterns of combined stress in outer periphery 
of blade mounting disc. 



£ 

Fig. IX-15. Stress patterns in "Stress-Coat" applied to root of model compressor rotor blade. 



^ 

C R O S S - S E C T I O N OF B L A D E 

RIBS 

TAPERED 
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SPAR 

Fig.IX-16. Detail of fabricated blades. 
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SECTION A-A 

Fig. IX-17. Details of metallic model of rotor blade attachment to segment of its supporting disc. 
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BLADE ROOT 
STRAIN GAGES 

DISK SEGMENT 

Fig. IX-18. Location of strain gages on blade root of metallic model. 



o 

Fig. 1X-19. Photograph of metallic model after failure from overload. 



CJI 

Fig.lX-20. Photoelastic model showing patterns of combined stress adjacent to blade mounting pins in 
root of compressor rotor blade. 
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Fig. 1X-21. Stress concentration factors for blade fillets. 



Fig.IX-22. Photograph of Modane wind tunnel compressor rotor and blades. 
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Fig. X-l . Schematic diagram for critical speed study of a single-compressor wind tunnel drive system. 
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Fig. X-3. Schematic diagram for critical speed study of a multiple-compressor wind tunnel drive system 



Cj-i 
-J 

Fig. X-4. Vibration equipment for obtaining critical speeds of drive shafts. 
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DRIVE S P E E D - R P M 

Fig.X-6. Effect of centrifugal stiffening on compressor blade-disc combination. 
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Fig.X-7. Test on a rotating vibration model of a compressor rotor. 



DRIVE SPEED - RPM 

Fig.X-8. Excitation of compressor blade vibration by rotational orders. 
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Fig.X-10. Effect of blocked inlet location on fourth-order vibrations in fifth-stage blade. 
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Fig.X-11. Detail of mounting for electric vibrator and vibration pickups on wind tunnel fan using aircraft 
propeller-type blades. 



cn 

Fig.X-12. Location of nodal lines on aircraft propeller-type fan blade. 
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Fig.X-13. Excitationof torsional vibration ina wind tunnel drive by unbalanced rotor currents 
in wound rotor motors. 
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Fig. X-16. Synchronizing coefficient for a wound rotor induction motor. 
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Fig. X-19. Relationship between excitation torque and resultant torsional motion. 
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Fig.X-31. Pattern of airflow entering a compressor. 
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Fig.X-32. Harmonic orders in airflow entering compressor. 
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Fig.XI-1. Photoelastic model of segment of blade mounting disc. 
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Fig.XI-2a, Photograph of photoelastic optical system. 
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Fig.XI-2b. Schematic diagram of model loading linkage. 
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APPENDIX I 

THE INFLUENCE OF PREROTATION VANES ON THE TORSIONAL 
VIBRATION OF WIND TUNNEL FAN BLADES 

I. DERIVATION OF EXPRESSION 
FOR WORK INPUT 

(a) Wake Characteristics 

For a fan blade operating behind prerota
tion vanes, the relation between a blade ele
ment and vane element is shown in Fig. A-l. 
Efficiency considerations require that the 
vanes be warped in such a way as to produce 
an inflow of constant circulation entering the 
fan. This condition involves a deflection of 
the wake behind the vanes relative to the 
vane center lines. At the plane of rotation 
of the fans, the distance between the wake 
center and the vane center line may be ex
pressed at any radius by 80 (feet, circum
ferential distance) or X0 (degrees) as shown 
in Fig. A-l. The width of the wake at the 
plane of rotation of the fan is denoted by 
2S . The circumferential relationship of 
vane wakes for different radii of the fan 
blade is shown in Figs. A-2 and A-3. 

(b) Variation in Lift on a Fan Blade 
Caused by the Trailing Wake, or 
Region of Velocity Defect Down
stream of Each Prerotation Vane 

Out of the wake 

u 0 = V0 fanj9G-

In the wake 

Uj • Vr ton P G . 

The angle, p , of the airflow relative to 
the chord line of the fan blade and its mag
nitude, W, is determined at any radius as 
shown in Fig. A-4b, where rw is the rotational 
velocity of the fan blade, (r = radius, OJ • 
speed of rotation.) 

Out of wake 

Tan P0 

Wr 

In the wake 

Cw + U> rw + V0 tan/5 

sm/30 

, o n #1 = TLTTTj; rw + V, tan/3G 

W, Sin/3; 

At the trailing edge of the prerotation 
vanes, as shown in Fig. A-4a, the component 
of the airflow normal to the plane of rotation 
of the fans is represented by V. Outside of 
the wake this component is designated by 
V0 , in the wake by Vt. 
the airflow in the plane 
fan is represented by u. 

The component of 
of rotation of the 

In torsional vibration, the fan blade will 
only respond to a variation in aerodynamic 
loading. This variation in loading occurs 
each time the fan blade passes from the 
free stream into the trailing wake or region 
of velocity defect downstream of the prero
tation vanes. The loading variation is ex
pressed in terms of lift variation which is 
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obtained as follows: separa te changes. Thus 

Let A a 0 = maximum variation of angle of 
attack of a fan blade when in 
wake in t e r m s of steady s t r eam 
angle of attack. 

Therefore 

Aa 0 -- P0 ~ Pt 

The slope of the lift curve for any airfoil 
is represented by 

slope -
dCL 

da 

L e t A C L Q = the variation in lift on the 
fan blade when passing 
through a wake in t e r m s of 
lift in the steady s t r e a m . 

Therefore 

AC. 
dC, 

^ T - k A a o -da u 

The unit lift is 

L = CL 1/2 P W2 b dr 

where b « chord. 

The lift per unit length of the fan blade i s : 

L • C L l/2/o W 2b-

When the angle of attack changes by the 
amount A a 0 , there is a change both in the 
lift coefficient C L and the relat ive velocity, 
W. Therefore , the total change in the unit 
lift per unit length of the fan blade at any 
radius is equal to the sum of these two 

A L m a x . » AC L l /2*°W 2b+C Lb A( I /2*°W 2 ) 

where A(l/2/=W2) • ( l / 2 P w f - l /2/°w£) 

ALmox. ; A C L l / 2 ^ W 2 b 

+ CLb ( l /2-owf- l /2 /°Wo) 

(1) 

(c) Charac te r i s t i c s of the Region of 
Velocity Defect Downstream of the 
Prerota t ion Vanes 

The following expression for the shape of 
the wake downstream of the prerotat ion vanes 
is taken from Ref. 77. 

V j / V o = (l 2 ; 

(2) 

y = amplitude of any point on curve . 

This equation pe rmi t s the velocity defect 
caused by the prerotat ion vanes to be ex
pressed analytically. 

When in resonance, the fan blade executes 
a complete vibration cycle a s it passes from 
one prerotat ion vane to the adjacent one (see 
Fig. A-5). The distance between any two 
adjacent wakes is set equal to 2ir. In o rder 
to cor re la te the fan blade vibration with the 
various wakes, it is assumed the tip of the 
fan blade is at maximum deflection as it 
passes the center line of each prerotat ion 
vane (see Fig. A-5). The location of this 
reference point is a rb i t r a ry , since the work 
input is obtained by integrating over the 
complete cycle. 

(d) Representation of Various Orde r s 
in the Velocity Defect by Four ie r 
Ser ies 

In o rde r to obtain an analytical expression 

194 



for the velocity defect, the curve obtained 
from the equation V, /V0 = ( l -y 3 / 2 ) 2 was 
approximated by a Fourier Series of the 
type 

f(x) = 1/2 b0 - b, cos x -I- b2 cos 2x • ••+ bn cos n x 
(3) 

The various coefficients of Eq. (3) are 
determined by 

2 rw 

bm = w / f(x) cos m x dx. 

As first approximation the curve is re
placed by two straight lines having a maxi
mum amplitude, a0, as shown in Fig. A-5. 
The coefficients of Eq. (3) when using these 
two straight lines are 

f(x) • * f - a0 

f(x) • 0 

From x - 0 to x = S 

From X • 8 to x = ir 

(See F i g . A -5 ) . 

Derivation of b 0 

.8 
k , i f &2- a„ dx m = 0 
OQ IT 8 ° 

f 
-Tn 

x cos m x dx • -Lj. [cos m x + m x sin m x 
mz L -*0 

= -^-(cos mS + m S s i n m S - l ) 
mz 

> | ^ f - s i n mS + | f e r ( l - C O « mS-mSsinmS) , 

(5) 

The summation of the first six orders of 
the function given in Eq. (3) with the coeffi
cients calculated from Eq. (5) gives a curve 
for the velocity defect which is almost iden
tical to the original curve given by Eq. (2). 

Since the variation in lift on the fan blade 
is directly caused by the velocity defect, it 
is assumed the same type of Fourier Series 
as used for the velocity defect, Eq. (3), will 
represent the forcing function with the co
efficients properly scaled to represent lift 
instead of velocity. Thus, the variation in 
lift on the fan blade is represented by 

A L = i - b0-I- b, cos x + b2 cos 2x + bn cos n x. 

(6) 

By replacing a0 of Eq. (5) with A Lmax, 
the coefficient for any order of the forcing 
function is 

2 ( A L m a x ) 
7rm 

sin m S + 
2 ' A L m o x ) 

T-Sm2 

b - 2a2 
°0 ir 

Der ivat ion of b m 

b m ' i f T , S " x ) c o s m x d x + * f ° 

f j ac cos m x d x - £ -S-
/ 

x cos m x dx. 

(4) 

( I - cos m 8 - m S sin mS), 

(7) 

Any of the various torsional modes of 
the fan blade may be excited by any of the 
orders in the forcing function when their 
respective frequencies are equal. However, 
from an inspection of Eq. (7) it is evident 
the first order of the forcing function will 
have a maximum value. Thus, the fan blade 
will have a maximum amplitude of torsional 
vibration when the resonant frequency of 
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first mode torsion is the same as the fre
quency of the first order of the forcing func
tion. The coefficient for the first order of 
the forcing function is 

b ( Z 2 j A ^ x ) s . n S + 2 ( A ^ ) ( | _ c o s S _ 8 s ) n S ) 

b [ , 2 (AL m g x . ) ( s . n 8 + ± _ c o | 8 _ | . s i n S ) 

b,= 2 l A ^ W ' ] ( ' - cos S) 

(e) Determination of Work 
Input Per Cycle 

The vibration amplitude at any radius of 

the fan blade in first mode torsion is rep
resented by a cosine curve as shown in Fig. 
A-5. This vibration amplitude relative to 
the center line of the prerotation vane is 
represented by 

•*• '- ĵ max cos(x0- x). 

The torsional work input is in the form 
of a moment consisting of the variation in 
aerodynamic lift, AL, times the distance, e, 
of the lift vector from the torsional axis of 
the fan blade element. (Theory and tests 
show that the torsional axis is located very 
near the center of gravity for high frequency 
torsional vibration.) 

Therefore, the increment of work input at any point x is 

Increment of work = A Le cjS,, 

Work per Cycle per Unit Length of Blade at Any Radius; 

Instantaneous AW per Unit Length at Any Radius = 

[syntax cos. (x0+X)] [ ^ + b i cos X-t-b2 cos 2x .. .+ bn cos n x]dx n 
Expanding cos(x0 • x) 

cos(X0+ X) = cos x0 cos x - sin x0sin x 

AW* t ^ / ' - C O l X c cos X-s in X0 sin X) { * . + b, cos X • b2 cos 2X — +bn cos nx) dx 

= e*max f -^- [<cos X0 cos X)-(sinX0sinXJ + b, cos X [(cos X0 cos X) - (sin X0 sinX)] 
•to 

+ b2 cos 2X [(cos X0 cos X) -(sin X0 sin X ) ] — + bn cos n X [(cos X0 cos X)~(sin X0sin X)] 
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, z i r 
AW • e«Jjmox r r ^ o C o s X 0 c o s X - -£- s inX 0s in X] 

"to 

+ [ b, cos X0 cos 2X - b, sin X0sin X cos x ] 

+ [ b2 cos X0 cos X cos 2X - b2 sin X0sin X cos 2 x ] 

+ [ bn cos X0 cos X cos n X - bn sin X0sin X cos n X j 

/

ZTT . Z 1 T 

^ - cos X0 cos X -- - $ - cos X0 f cos X dx = 0 
* "to 

~f ~ t s i n x ° s i n x " * « s i n x° C* s i n x dx = ° 

I b, cos X0 cos X - b, cos Xo / cos X dx 
•'o J0 

• b, cos X0 [ | - + - ^ sin 2XJ 

= b, cos X0 [ Y ~ 0 ] + 0 

- IT bx cos X0 

fz7r rzir r i . i ,27r 

- j b, sin X0 sin X cos X = b, sin X0 / sin X cos X dx • [ -^ sm X J = 0 

/ • 2 T r fZIT 

/ b2 cos X0 cos X cos 2X = b2 cos X 0 / cos X cos 2X - 0 
o 

fi21T 2B* 

- I b2 sin X0 sin X cos 2X = - b2 sin X0 / sin X cos 2X • 0 
•'o J0 

. 2 V z-rr 

/ bn cos X0 cos X cos n X • bn cos X0 / cos X cos n X = 0 
Jo J 0 

eiZTT ZTT 

- I bn sin X0 sin X cos n X = - bn sin X0 f sin X cos n X • 0 

197 



Therefore work input per cycle per unit 
blade length is 

A w : e^mox 7 r b i c o s xc 

(») 

The deflection curve of the fan blade it
self when vibrating in first mode torsion 
may be closely approximated by 

^max ' ^ m a x T ( s i n f r ) 
(9) 

<J>max= torsional deflection of a blade 
element at a distance / from the 
base . 

to the aerodynamic and mater ia l damping to 
reduce the amplitude of first mode torsional 
vibration. This reduction in work input 
becomes evident when integrating the expres 
sion for work input over the length of the 
fan blade for a complete vibratory cycle. 
When this integration is performed, it is 
found that a cer tain part of the blade has 
a negative work input re lat ive to that over 
the res t of the blade, a s shown in Fig. A-6. 
From this figure it is evident that when the 
tip of the fan blade is in the center of the 
wake and experiencing an increase of work 
input, the center portion of the blade is 
experiencing a reduction of work input, while 
the hub portion is experiencing a slight 
increase in work input. 

•^max-^torsional deflection at tip of blade. 

J . distance from base to any point 
on blade. 

II. DERIVATION OF EXPRESSION 
FOR WORK ABSORBED BY 
AERODYNAMIC DAMPING 

L = total length of blade. 

Therefore , the total work input per cycle 
per blade is 

Work = T e <JjmaXT fsini-L-'j U 

Work = 4> 
max j M * it)' 

b, cos x ) dl 

i rb , cos x0) dl. 

(10) 

(a) Equation for Work Absorbed 
by Aerodynamic Damping 

The work absorbed by aerodynamic damp
ing when the fan blade is vibrating in first 
mode torsion is obtained from a variation 
of equation 15 of Ref. 76. This equation 
gives the amount of work required per unit 
t ime in maintaining a constant amplitude of 
vibration in the presence of aerodynamic 
damping. Conversely, this r ep resen t s the 
amount of work absorbed per unit t ime by 
aerodynamic damping. This equation is 

(f) Effect of Warped Prerota t ion 
Vanes on Work Input 

Because of the varying warp given the 
prerotat ion vanes from their inner to outer 
radius , as shown in F igs . A-2 and A-3 , 
there is a tendency to reduce the network 
input to the blade, as shown in Fig . A-6. 
This reduction in work input acts in addition 

W • * p b2 •£• (B, h2 + B2 a2 + B3 PQ + 2 B4 a0
bo 

+ 2BS P 0 h 0 + 2B«a 0 /3 0 ) . 

(11) 

Eq. (11) was derived for an airplane wing 
shown schematically in Fig. A-7. In this 
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figure a represents the torsional vibration 
of the wing, p the angular vibration of the 
aileron, and h the linear vibration of the 
wing. 

In the previous derivation, the torsional 
deflection of any point on the fan blade is 
represented by <£max ( s e e Pig- A-8). The re 
fore, Eq. (12) becomes 

(b) Adaptation of Eq. (11) to Torsional 
Vibration of Fan Blades 

By equating the t e rms in Eq. (11) con
taining Q and h to zero , the equation may be 
used to obtain the aerodynamic damping for 
torsional vibration. The aerodynamic damp
ing per unit t ime for any element of the 
fan blade is 

AW • w P b2 Y (B2 4>2max ) dl. 

(13) 

Substituting for the period in t e rms of 
frequency in Eq. (13) 

AW • TT/O b2 { 2 i r J ] i (B2 < * W ) d l 

AW = IT,ob2 * Y " ( B 2 a ^ ) dl 

(12) 

p . mass density of a i r . 

b = one-half chord length of section. 

P = period of vibration. 

- 2 v f, where f is the frequency of 
vibration in cycles per second. 

k = reduced frequency. 

' Pb/V. 

V = W - Velocity of a i r entering and 
relative to blade. 

a 0 • tors ional ampli tude of wing. 

B«> b 2 { ^ ( ? - a ) (a + •!•) [ F ( - ^ - a ) - £ ] } 

a = distance from torsional center to 
center of blade. 

F - see Ref. 79. 

G - see Ref. 79. 

A W = 8 7 r V
k

b 2 f 3 ( B 2 « / > m 0 x ) d l . 

The work absorbed per cycle by aerody
namic damping is obtained by dividing the-
above expression by f. Therefore, the work 
absorbed per cycle is 

AW 
8**rVb2 f3 

IB . T>mOX) d l . 

(14) 

The work absorbed per blade per cycle 
by aerodynamic damping is 

Work , f *** /°b2 f ; 

( B , i> z 
z r max ' d l . 

(15) 

The work absorbed per blade per cycle 
by aerodynamic damping in t e rms of the 
tip amplitude of the blade is obtained by 
substituting the value of (*tmax from Eq. (9) 
into Eq. (15) 

.L 

Work • 8 TT" P ' ' ^ " - T / * * — 4 fr. 
(16) 
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III. DERIVATION OF EXPRESSION 
FOR WORK ABSORBED 
BY MATERIAL DAMPING 

(a) Equation for Work Absorbed 
by Material Damping 

In any s t ruc tu re the mater ia l damping is 
proportional to a constant t imes the square 
of the s t r e s s (sec Rcf. 78). 

Equation 176 of the above reference gives 
the dissipation, AW, per cycle per unit 
volume as 

AW = <tcr • 

Therefore , the dissipation per cycle per 
section of unit length is 

l A W ) s e c = / / c < r * d A . 

(17) 

At any unit a rea of the section, the s t r e s s 

' • T r / l p 

T • torque. 

i s 

r = distance from origin to centroid of 
unit a rea . 

lp= effective polar moment of inertia of 
section. 

Substituting the above expression for <r in 
Eq. (17) 

A W ) s e c , = / / f ^ d A 

• « * / / r2 dA. 

(18) 

The effective polar moment of inertia of 
the section is 

I p . K / / r 2 d A . 

K = Form Factor 

Eq. (18) for a section of length dl becomes 

(AWL 'sec ' T p T l p j -

(19) 

For torsional vibration, equation 177 of 
the above reference becomes 

Substituting £ into Eq. (19) 

(AW). 
- G To-

(20) 

The torque at maximum torsional deflec
tion, s^max, is 

T " G I P *max 

Substituting for the torque, T, in Eq. (20) 

( A w ' s e c = f ^ " rP * m a x ' S G I p * * max 

(21) 

The work absorbed per cycle by the 
ent i re blade is 

Work = / (SGIp ct max) dl 
/ 
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The deflection curve of the fan blade when 
vibrating in first mode torsion may be closely 
approximated by Eq. (9). Differentiating 
Eq. (9) 

* 

•/• 

max 

max -

•v *max j 
2L 

I T * * max 

4L 

(cos JLL ) 

n-5-r-l 
2L 

(23) 

Squaring Eq. (23) 

f max f max 
T 4 ..,_• T I I 

T l i iT (sm IT 
(24) 

(b) Work Absorbed per Cycle per Blade 
When Vibrating in Fi rs t Mode Bending 

Substituting <jb m a x from Eq. (24) into 
Eq. (22) 

Work = S G j Ip * max T I6L7 ( s i n ' '. • ) d l 

Work = S G 4? max 

L 

-Ar- f 
T I6L4 J 

Upsin2 |£)dl 

(25) 

the work absorbed per cycle by aerodynamic 
damping and mater ia l damping. By obtaining 
the torsional vibration of the fan blade in 
t e rms of its tip amplitude, the torsional 
deflection curve and the torsional s t r e s s 
distribution in the blade as a function of 
radius may be determined. Accordingly, 
the work input, aerodynamic damping, and 
mater ia l damping a r e obtained in t e rms of 
the tip amplitude. The work input per cycle 
per blade in t e rms of the tip amplitude is 
given in Section I of this appendix, Eq. (10) 
as follows 

Work = -{> 
max e(sin -"I*— ) (TTb,cos xQ) d l . 

The work absorbed per cycle per blade 
by aerodynamic damping in t e rms of the 
tip amplitude is given in Section II of this 
appendix, Eq. (16) as follows 

L 

Work= e ^ P f ' ^ m o x J * £ < * * & dl 

The work absorbed per cycle per blade 
by mater ia l damping in t e rms of the tip 
amplitude is given in Section III of this 
appendix, Eq. (25) as follows 

L 

W o r k : S G < r 2
m a x T £ j f ( l p s i n 2 - f ^ ) d l . 

IV. VIBRATION AMPLITUDE OF TIP 
OF FAN BLADE WHEN VIBRATING 
IN FIRST MODE TORSION 

(b) Equating Work Input to Work Absorbed 

^max-j- I e (sin 5 p Kirb, cos xQ) dl -

(a) Equations for Amplitude 
of Tip Vibration 

S i r 4 / , f2 * ' max rjf *f-m&** 
To obtain the vibration amplitude of the 

fan blade when vibrating in first mode to r 
sion, the work input per cycle is equated to 

SG f max 
z "ft 

T I6L 7 f dps i"2 f c ; 
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Solving for tip amplitude of fan blade, <£maxT. 

* 
/ e(sin*-| j-)(* 'Tb lcos xQ)dl 

max «- L. 

STrVf 2 / - ^ ( s i n ^ l dl + 8 G 1 | ^ j ' ( I p S i n 2 | l ) d l 
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APPENDIX II 

THE INFLUENCE OF PREROTATION VANES ON THE LATERAL 
VIBRATION OF WIND TUNNEL FAN BLADES 

I. DERIVATION OF EXPRESSION 
FOR WORK INPUT PER CYCLE 

(a) Equations for Work Input 

The vibration amplitude at any radius of 
the fan blade in first mode bending is rep
resented by a cosine curve as shown in 
Fig.A-8. This vibration amplitude relative 
to the center line of the prerotation vane is 
represented by 

Yi • Y m a x cos ( x 0 + x ) . 

Therefore, the increment of work input 
at any point x is 

Increment of work • Y, A L, 

or, increment of work • 

[ Y m a x cos (x0 + x)] [ j b 0 + b, cos x 

+ b2 cos 2x •• bn cos n x]• 

The work input per cycle per unit length 
at any radius is 

/

Z-rT 

[Ymax 
o 

+ b2 cos 2 x + bn cos n x J dx 

.2-r 

' ] [* cos (x0 + x ) | I - y + b, COG x 

Y m a x / c o s ( x 0 + x ) ( * ^ + b ,cosx 

+ b» cos 2x bncos n x ) dx. 

Expanding cos(x0 + x) 

cos (x0 + x ) - cos x0 cos x - sin x0 sin x 

AW = y m o x f (cos x 0 c o s x -sin x 0 s in x X-^ +b, cos x - b t cos 2 x - . . . + bn cos nx ) dx 

.2 i r . 

ymax f { - £ [ (cos x0 cos x ) - ( s i n x 0 sin x)] + b, cos x [(cos x0 cos x) - (s in xQsin x)] 

+ b2 cos 2x [{cos x0 cos x ) - ( s i n x0 sin x)J 

+ bn cos nx [(cos x0 cos x) - (sin xQ sinx)j}dx 
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AW • yr 

Z T , 

»/ {[f t-*0 

cos x0 cos x - 2 sin x 0 s sin x —t- [ b, cos xn cos2x - b. sin x0 sin x cos x J| 1.UJ A Q 

+ [ b2 cos xQ cos x cos 2x - b2 sin XQ sinx cos 2x1 

+ [ bn cos x0 cos x cos nx - bn sin xQ sin x cos nx| r dx '•} 

where 
/ ' • ' 

cos x„ cos X 

. Z T T . 

I -T°- sin xn sinx dx=---£ si 
2 ° 

dx - -sp- cos x0 / cos x dx = 0 
•o 

In XQ / sm x dx = 0 

/

zrr e.z<T 

b, cos x0 cos2x = b* cos x0 I cos2x dx • b, cos x 0 \LL + J_ sin 2x1 
J 0 L2 4 J 

r 
= b i cos x0 [ 2JT . 0 ] 

,zir 

0 - IT bx cos XQ 

f z i r . m i z w 

b, sin x0 sin x cos x dx=b* sin x0 / sin x cos x dx = b, sin X Q V ^ sin 2x] = 0 

( b2 cos x0 cos x cos 2x dx = b2cos x0 J cos x cos 2 x dx - 0 
Jo 'o 

. Z T T . Z T T 

- b2 sin x0 sin x cos 2x dx = - b2sin x 0 / sin x cos 2x dx = 0 
Jo J c 

/

ZtT . z w 

b n cos x0cos x cos nx dx = bn cos x0 / cos x cos nx dx = 0 

r 
j bn sin 

x 0 sin x cos nx dx • - bn sin x 0 / 
•to 

zir 

sin x cos nx dx = 0 

AW-*- y m a x T b, cos xc (1) 
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The deflection curve of the fan blade 
itself when vibrating in first mode bending 
may be closely approximated by 

i r l Vmax= y m a x T ( l - c o s * | ^ ) 

(2) 

where 

Vmax = deflection of any point on blade 
at a distance i from the base. 

Vmox - tJP deflection of blade. 

L - total length of blade. 

i = distance from base to any point 
on blade. 

Therefore, the work input per cycle per 
blade is 

J . 
Work . y m a x T j ( l - c o s | £ ) ( . r b l c o s x 0 ) dl 

*o 

(3) 

(b) Effect of Warped Prerotation 
Vanes on Work Input 

When integrating the above expression 
over the length of the blade for a complete 
cycle, it is found that a certain portion of 
the blade has a negative work input relative 
to the work input over the rest of the blade. 
This effect reduces the net work input per 
cycle to the blade, and acts in addition to 
the natural aerodynamic damping to further 
reduce the amplitude of first mode bending 
vibration (see Fig. A-6). This effect is 
caused by the varying warp given the prero
tation vanes from their inner to outer radius. 
See Figs. A-2 and A-3. 

In Fig. A-3 it is evident that when the tip 

of the fan blade is in the center of the 
wake and experiencing an increase of work 
input, the center portion of the blade is 
experiencing a decrease of work input. At 
the same time, the hub portion of the blade 
is experiencing a small increase of work 
input. This is shown in Fig. A-6. 

II. DERIVATION OF EXPRESSION 
FOR WORK ABSORBED 
BY AERODYNAMIC DAMPING 

(a) Equation for Work Absorbed 

When the fan blade is vibrating in first 
mode bending, the work absorbed by aero
dynamic damping may be obtained from a 
variation of Eq. (15), Ref. 76. The equation 
represents the amount of work done per unit 
time in maintaining the vibration in the 
presence of aerodynamic damping, or the 
work absorbed by aerodynamic damping. The 
equation is as follows: 

W 
r? „* 

TTptLR. (B l h
2
 + B 2S 2 + B3/30

2 + 2B 4 Soh 0 

- ^ B ^ o V - ^ e S o - S o 

(4) 

This equation was derived for an airplane 
wing, a schematic diagram of which is shown 
in Fig. A-7. From this figure it may be 
seen that S represents the torsional vibration 
of the wing, P the angular vibration of the 
aileron and h the linear vibration of the 
wing. 

Eq. (4) may be adapted to the linear vi
bration of a fan blade by equating the terms 
containing 8 and P to zero. Thus, Eq. (4) 
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takes the following form for any element of 
the fan blade 

AW • "-PD2 -£-(B, h2.) d l . 

(5) 

time and may be represented in the form 

AW = ^ ^ ^ ( B | y 2
m a x ) d l 

A W : l £ ^ ( B , y 2 m a x ) d l . 

In Eq. (5) 

P - mass density of air. 

b • one-half chord length of section. 

P • period of vibration. 

• 2iri, where f is the frequency in 
cycles per second. 

k • reduced frequency. 

-- Pb/V. 

V = W •= velocity of air entering and 
relative to blade, 

B, =• F 

F - function of k, see Ref. 79. 

ho • linear amplitude of wing. 

In previous derivations, the linear deflec
tion of any point on the blade is represented 
by ymax F a s shown in Fig. A-5. Therefore, 
Eq. (5) becomes 

Aw= 7 r P ^ i l ( B i y
2

m a x ) dl. 

(6) 

Eq. (6) gives the work absorbed per unit 

The work absorbed per cycle by aerody
namic damping is obtained by dividing the 
above expression by the frequency, f. 

AW -- 87T 4 Pb 2 f 2 

<B,y2
max) dl 

(7) 

The deflection curve of the fan blade is 
closely approximated by Eq. (2) when vi
brating in first mode bending. 

The work absorbed per blade per cycle 
by aerodynamic damping is 

Work f 8^4*°b2f2 

i k ( B ' 4 o x ' ^ - ' 

(8) 

Substituting the value of ymox from Eq. 
(2) into Eq. (8) gives the work absorbed 
per blade per cycle by aerodynamic damping 
in terms of tip amplitude of the blade 

L 
2 2 Work= 8 - r V f y 

max 4 b
2B, ( I - cos w l )2 d l , 1U 

(9) 

III. DERIVATION OF EXPRESSION 
FOR WORK ABSORBED 
BY MATERIAL DAMPING 

(a) Derivation of Equation 

The material damping in any structure 
is proportional to a constant times the 
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square of the s t r e s s (see Ref. 78). From 
this reference, the dissipation, AW, per 
cycle per unit volume is 

AW = £o-2 dV. 

The dissipation per section of unit length 
i s 

(AW) sec • / / 
dA 

is 

(10) 

The s t r e s s at any unit a rea in the section 

* • (MZ)/I 

M = moment 

Z = distance from origin to centroid of 
unit a rea 

I • moment of inertia of section. 

Substituting for er in Eq. (10) 

(AW) «2Z2 

sec 

(11) 

The moment of inertia of the section is 

• / / 
Z dA. 

Therefore , Eq. (11) for a length dl be
comes 

< A w ) s e c = < r f 

(12) 

Equation 177 of the above Ref. 78 gives 

• ! • • • 

Eq. (12) becomes 

( A W ) S 6 C = S £ 

(13) 

In any beam, at maximum linear deflection, 
Vmax • t n e moment is 

•* -- E I ymax 

Substituting in Eq. (13) 

< A W ) s e c = 8 ^ ^ L - 8 Ely rz 
max 

(14) 

The work absorbed per cycle by the 
ent ire blade is 

Work { ( S E I y 2 ) d l 
'max 

i = SE f ( i y z
m a x ) d i . 

(15) 

As stated previously, the deflection curve 
of the fan blade itself, when vibrating in first 
mode bending, may be closely approximated 
by Eq. (2). 

The second differential of Eq. (2) is 

Vmax = ymax. 
r» _ . iri 

cos 
T 4 L

2 2l_ 

(16) 
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Squaring Eq. (16) (3) as follows 

v2 - v2 * A ,-„c2 >r/ 
'max - y maxT——4cos ^ - • 

(17) 

Substituting in Eq. (15), the work absorbed 
per cycle per blade when vibrating in first 
mode bending is 

L 

W o r k = 8 E < / ' ( I y
2

r n a X T - | 4
7 c o s 2 ^ - d l 

W o r k i S E y m a x T l | ^ / L ( I c o s 2 f f ) d l . 
o 

(18) 

IV. VIBRATION AMPLITUDE OF TIP 
OF FAN BLADE WHEN VIBRATING 
IN FIRST MODE BENDING 

To obtain the vibration amplitude of the 
fan blade when vibrating in first mode bend
ing the work input per cycle is equated to 
the work absorbed per cycle by aerodynamic 
damping and material damping. By obtaining 
the vibratory amplitude of the tip of the fan 
blade, the shape of the deflection curve for 
first mode bending and the bending stress 
distribution in the blade as a function of 
radius may be readily determined. Accord
ingly, the work input, aerodynamic damping, 
and material damping are obtained in terms 
of the tip amplitude. The work input per 
cycle per blade in terms of the tip amplitude 
is given in Section I of this appendix, Eq. 

J . 
w ° r k • y m a x T j (I - cos | j £ )(irb, cos xQ) dl. 

The work absorbed per cycle per blade 
by aerodynamic damping in terms of the tip 
amplitude is given in Section II of this ap
pendix, Eq. (9) as follows 

Work;8 .v-4PfVmaxT / - ^ (I - cos * ^ f )'dl. 

The work absorbed per cycle per blade 
by material damping in terms of the tip am
plitude is given in Section III of this appendix, 
Eq. (18) as follows 

W o r k : 8 E y 2
m a X T - ^ y * ( I C o s 2 | f ) d l . 

Equating work input to work absorbed 

ymaxT f ( I - cos| i^) ( ' ' -b lcosx 0 )d l 
Jn 

fdl = 8TVVmax J ^(,-cosf i 
o 

Solving for tip amplitude of fan blade, ym ax. 

yma> 

J -
/ ( l - c o s ^ f ) ( i rb , cosx0 )d l 

Jn 2L 

T •»Vl , /J? l«-c»gf«| lE£i / ( I c o s 2 g dl) 
(19) 
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PREROTATION \7ANE 

WAKE 

FAN BLADE 

ROTATION 

Fig.A-l. Relationship between wake from prerotation vanes and compressor rotor blades. 
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- - X o ( D E 6 n \ /—CENTER OF WAKE 

CENTERLINE OF PREROTATION VANE 
FIGURE 2 
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CIRCUMFERENTIAL DISTANCE-FT 

12 13 

Fig,A-2. Displacement of center of wake from prerotation vanes as a function of radius. 

210 



210* 
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Fig.A-3, Relation between center of wake and center line of prerotation vane as a function 
of radius. 
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AIRFLOW 

PREROTATION VANE 

Fig.A-4a. Vector diagram of airflow velocities relative to prerotation vane. 

B 

Fig.A-4b. Vector diagram of airflow and rotational velocities of compressor rotor blade. 
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